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The first of two meetings of the 1980-1981 AFOSR-HTTM-
Stanford Conference on Complex Turbulent Flows: Com-
parison of Computation and Experiment is described. The
Conference is a cooperative research effort involving a major
fraction of research workers in turbulent flow. It has three
objectives: (i) establishment of trustworthy data sets that can
be used as the basis for modeling complex turbulent flows and
as standard trial cases for checking output of computations in
such flows; (ii) the creation of a data library in standardized,
machine-readable form on magnetic tape of the trustworthy
cases, (iiiy the comparison of current computational output
Sfrom many groups with the standard trial cases. The meeting
on data held at Stanford University, Sept. 3-5, 1980, is
described in this paper, including: a short history of the
problem, difficulties in turbulence research and recordation
of adequate data sets, organization and special procedures in
the conference, the trial cases established for the 1981 meeting
on computation, a number of other specific results from the
meeting, and conclusions. It is concluded that the 1980
meeting was successful not only in meeting goals (i) and (ii)
but also in clarifying many other issues that have been
troubling the research community and clarifying needs for
Sfuture researches. The Proceedings from the 1980 meeting
will be published in spring, 1981 and may be ordered from the
Sfirst author.

Correspondent Report

On the Initial Meeting, Held September 3-6, 1980,
of the 1980-1981 AFOSR-HTTM-Stanford Conference
on
Complex Turbulent Flows:

Comparison of Computation and Experiment!
by
S. J. Kline? and G. M. Lilley?

1 Introduction

The meeting at Stanford University from September 3-6,
1980 completed the first stage in the 7980-1981 AFOSR-
HTTM-Stanford Conference on Complex Turbulent Flows:
Comparison of Computation and Experiment. The major
goal of this initial meeting was to reach a consensus in the
research community on trustworthy experimental data sets
that can be used as inputs for modeling of turbulence in
complex flows and as a basis for standard ‘‘trials’’ for

! The financial sponsorship of the U.S. Air Force of Scientific Research and
the NASA Ames Laboratory are gratefully acknowledged.
Professor, Thermosciences Division, Mechanical Engineering Department,
Stanford University, Stanford, Calif.
Professor of Aeronautics and Astronautics, University of Southampton,
U.K.
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checking outputs of computations. In order to achieve this
aim with impartiality, the cooperation of scientific and
engineering communities was sought and generously given,
forming the foundation for the September, 1980 meeting.

The Conference as a whole is best viewed as a cooperative
learning process within the research community. The second
and final meeting of the Conference will be held on September
14-18, 1981. The complete, detailed goals of the Conference
are given below.

At the conclusion of the September 1980 meeting it was
possible to select some 50* trustworthy experimental data sets
of complex turbulent flows which will form the standard
“‘trial”” cases for comparison with the outputs of com-
putations from many groups of computors.®> The output of
these computations will be compared with the standard cases
in the September, 1981 meeting.

An essential component of the 1980-1981 Conference has
been the creation of a “‘Data Library’’ on magnetic tape. This
library holds the data selected as trustworthy in a standard
and normalized form. The data will be computer-readable
and the tapes will be held in repositories in USA and EEC
countries and will be generally accessible for a moderate fee.
The establishment of the Data Library is well advanced. It is
intended that the library should be an ongoing function whose
contents will be periodically updated using methods .for the
establishment of trustworthy data sets similar to those used
for the 1980 meeting. The future home for the Data Library
and its funding are matters for further consideration.

The aims of the September, 1980 meeting stated above were
met, as can be seen by reference to the lively and pertinent
discussions which followed each presentation and which are
recorded in the Proceedings of the 1980 Conference. The
September, 1980 meeting also achieved several. other useful
results. The bringing together of so many experienced ex-
perimentalists in the field of fluid mechanics became an
important opportunity to explore many of the problems
facing anyone setting up experiments involving turbulent
flows. Arising from the several discussions, many suggestions
were made regarding instrumentation and calibration for
specific flows. Perhaps of more importance, these needs were
identified: to plan the experiment carefully; to record in detail
the initial or entry flow characteristics, as well as the
downstream conditions; to set up a systematic analysis of
uncertainty in the proposed measurements and, from trial
runs, to make explicit that these uncertainty estimates are
realized, or to determine what is needed to reduce uncertainty.
It was agreed that such considerations are essential to the
production of trustworthy experimental turbulent flow data
but regrettably have often not been fully implemented in the

4The number of data sets is approximate, since it depends on how one counts

“‘sub-cases.””
“Computor” is used to describe individuals using computers.
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past. This deficiency made the work of the Data Evaluators
for the 1980 Conference more difficult but, at the same time,
more important. Further details of these suggestions and
recommendations are given below.

The September, 1980 meeting was also useful in providing
increased understanding between experimentalists and
computors. The interaction between these two groups became
important in drawing up the specifications for ‘the ‘‘trials”’
which the computors will undertake. This interaction was
badly needed, in that it helped data takers appreciate what
information needs to be supplied about a flow in order to
provide satisfactory initial and boundary information®
needed in experiments intended as input for turbulence
modeling, for checking output of computation, or both. The
data needs for these purposes in Computational Fluid
Dynamics differ markedly with regard to demands on
recordation of initial conditions, documentation of un-
certainty, and verification of experimental control from the
needs for experiments intended to provide direct data for
engineering design or to increase understanding of fluid
motions. Both a position paper (composed through seriatim
revision by a number of workers) and discussions in sessions
and ad hoc committees in the 1980 Meeting thus appropriately
focus on “‘Data Needs for Computational Fluid Dynamics.”’

There was general agreement that although the range of
computational methods in fluid mechanics will greatly in-
crease within the next decade and beyond, it will not replace
the need for high-quality experimental results. Thus thereis a
continuing need for closer contact between experimentalists
and computors. The two groups of workers have much to give
and learn from each other. Improvements in turbulence
modeling techniques will inevitably come from closer
collaboration between these two groups of workers. It cannot
be over-stressed that an-individual computor does not have
sufficient resources to assess the reliability and accuracy of
data; the task is not only arduous, but requires considerable
experience in both experimental technique and the specific
flow type considered. Hence it is essential that the ex-
perimental research community furnish computors with
information on which flows are trustworthy. This was the
central work of the 1980 meeting and the two-year-long
preparation for it.

2 History

The study and prediction of the flow of Newtonian fluids
have advanced greatly in recent years with the advent of fast
methods of computation. Computational methods in fluid
dynamics (CFD) now provide an appropriate and reliable tool
for the prediction of a wide range of fluid-flow problems in
many industries. This is particularly so if the fluid flow may
be regarded as inviscid or if viscous effects are confined to
regions whose geometries are relatively simple, for example,
thin shear layers. Even so, there remain certain classes of
inviscid flows, notably those containing free vortex sheets,
which continue to present formidable problems in CFD.

In the case of turbulent flow, development of CFD methods
for their prediction have depended on an adequate and
trustworthy experimental data base. Such a data base has not
always been available. It is therefore not surprising that a
wide range of turbulence models and methods has been
developed, presenting a confused picture as to which method
or class of methods is best suited for the accurate prediction
of a given fluid-flow problem. In order to make any
significant advance, it is agreed that the available prediction
methods need to be critically examined and compared with

$The remarks of D. Humphreys and B. van den Berg on three-dimensional
boundary layers are particularly detailed and thorough. ‘
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trustworthy experimental data. This conclusion is fully borne
out by the experiences of the 1968, 1969, and 1972 Con-
ferences.

In 1968 the AFOSR-IFP-Stanford Conference was set up to
clarify the state of the art in prediction of incompressible
turbulent boundary layers.” Its success may be measured not
only by the establishment of similar NASA Conferences in
1969 and 1972 on turbulent compressible boundary layers and
free-shear layers, respectively, but even more from the fact
that the three Conferences showed that, contrary to prior
common wisdom, adequate programs for computing shear
layers did exist.® The Proceedings of these conferences still
provide important reference works governing the structure
and prediction of these initial types of flows, including
satisfactory calculation methods.

The “‘trial cases’’ from these three meetings still serve as the
functional standards for testing computational models of thin
shear layers. Thus, experience shows: (i) standard trial cases
composed of data known to be trustworthy are necessary in
order to clarify the state of the art; (ii) such cases tend to
remain a useful basis for a considerable period of years.

The 1980-81 AFOSR-HTTM-Stanford Conference has
similar objectives with respect to a wide range of internal and
external, incompressible and compressible, complex turbulent
flows, However, the principal problem facing the Organizing
Committee, when it first met in 1977, was the lack of trust-
worthy experimental data sets. The data base had to be
created first. The first two years” work and the 1980 meeting
were accordingly devoted to exploring the reliability of
available data sets.

3 Difficulties in Turbulent Flow Research Affecting the
Conference

Even though excluding turbulent flow involving changes in
phase, heat transfer, and chemical reactions and limiting
consideration to turbulent flow of a single, pure Newtonian
fluid, the 1980-1981 Conference still faced a wide variety of
complex flows which occur in practice and for which the
characteristics must be known. Experiments have shown that
turbulence does not nave a single, simple structure, and its
structure is greatly influenced not only by the initial and
boundary conditions, but also by a score of effects such as
body forces, surface roughness, curvature, etc.® There are
therefore many flows requiring experimental investigation.
Many of these flows present severe set-up problems in con-
ventional laboratories. In most cases the laboratory ex-
periment needs to be idealized in order to help clarify the
phenomenon to be investigated. However, the idealization can
change the phenomenon to be be investigated. Thus, the
practical case may only be uncovered when a sufficient range
of conditions have been explored in the laboratory tests.
Consequently, a large number of experiments are required in
order to clarify the description of the turbulence structure and
its influence on the flow fields for practical situations. The
1980-1981 Conference has considered some 40 different
classes of turbulent flows, These classes were of necessity
constrained by the existence of adequate data, rather than by
an ideal taxonomy of constraints and effects. Thus, other

7The 1968 Conference was fortunate in being able to use more than a decade
of insightful work by D. E. Coles of C.I.T. on the relevant data, thus providing
an existing data base.

Certain exceptions were noted; specifically, detachment, reattaching layers,
and the near zone of free shear layers. This information has helped to focus
research during the following decade, with the result that important progress on
all these problems has been made and efforts on the already solved problems
haye greatly diminished.

A list of such effects is given in the Introduction to the 1980 meeting by the
first author.
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flows still need detailed investigation in order to provide a
basis for trial cases.

Measurements within turbulent flows have always
presented difficulties in the data collection, and even with
modern methods of data-taking continue to do so. The in-
struments used, whether hot wires or laser anemometers, need
frequent calibration, and have considerable uncertainty in
resulting measurements. Thus, analysis of uncertainty
becomes important in judging adequacy of computation.’®
The assessment of the uncertainties in the data for the test
cases presented at the 1980 meeting was a major task for the
Data Evaluators. A paper by R. J. Moffat at the 1980 meeting
provides two major advances beyond the existing JFE
standards for uncertainty analysis.!! In particular, Moffat
provides: (i) a method for systematic incorporation of un-
certainty analysis into data-collection and reduction
processes; (ii) the construction of a hierarchy of levels of
replication, each of which has a specific use as the basis for
operational checks on the adequacy of actual experimental
control.

This brief section states only some of the difficulties in
turbulent flow measurement that affect the work of the
conference. A more complete discussion of the difficulties is
given in the Introduction to the Proceedings of the 1980
meeting by the first author. Discussion of particular problems
occurs at numerous places in the reports on data evaluations,
discussions, and reports of ad hoc committees.

4 Organization of the Conference

An Organizing Committee was set up in 1977 to create the
workshops for the 1980 and 1981 meetings. The Organizing
Committee includes: S. J. Kline (Chairman), P. Bradshaw, B.
Cantwell, B. Launder, E. Reshotko, M. Rubesin, and G.
Sovran,

The task before the Organizing Committee for the 1980-81
Conference was far more complex than in the previous
conferences held in 1968, 1969, and 1972, for four reasons:

e The flows needed for consideration were more diverse and
complex and were selected as representing examples of most
of the basic turbulent flows occurring in practice.

e No sound data base existed in 1977; accordingly, one had to
be created.

e Computational methods have advanced considerably since
the 1968-1972 era and are now more complex, more varied,
and far more expensive to run.

® Adequate review procedures for very large programs did
not exist.

The plan of work created by the Organizing Committee set
three goals:

(1) The creation of a data base of trustworthy ex-
perimental cases and specifications of ‘‘trials,”’ using those
cases against which computations can be tested comparatively
(task of data evaluators and the 1980 meeting).

(2) The creation of a data library on magnetic tape which
will hold those trustworthy cases, together with complete
descriptions and data lists. The tapes will be held in
repositories in USA and EEC countries and will be generally
accessible, for a moderate fee (an ongoing task).

(3) Comparison of outputs of computations from many
groups of computors with the standard ‘‘trial cases’’ of item
(1) (Task of the 1981 meeting).

Work toward Goal (1) included the efforts of some 30

1015 the 1968 cases, the data uncertainties are generally small compared to
uncertainty of computation, so that the issue of uncertainty analysis was far less
important.

1 ““Analysis of Uncertainty in Single-Sample Experiments,’” S. J. Kline and
F. A. McClintock, in Mech. Engrg., Jan. 1953, or equivalent.
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groups of data evaluators during 1979 and 1980. Each flow
was evaluated by a leading expert (the Data Evaluator) and
reviewed by several other experts. The combined evaluations
and reviews were presented to the 1980 meeting in twelve

- sessions and were followed by evening meetings to establish a

consensus on which flows met the criteria for trustworthy
data adequate to be used for test cases and in the formulation

- of new computer models of turbulent flows.

The 1980 meeting also brought into sharper focus a number
of underlying but sometimes neglected questions, including:

(@) The uncertainty in various classes of critical
measurements, such as in hot-wire measurements.

(b) Procedures for improving uncertainty estimates of
data.

(¢) Discussions of appropriate means of comparison of
computations and experiments in the light of uncertainties in
both.

(d) The establishment of general rules and guidelines for
future data-takers concerned with experiments intended to be
the basis for turbulence modeling or comparison with
computations.

(e) Detailing the needs for data in computational fluid
dynamics as a class of experiments, and delineating flows
needing improved data bases.

(N An increased emphasis and understanding of the need
for iterating between data and computation.

(g) Focusing on the need for a means to differentiate
errors arising from ‘“numerics’’ from those owing to
deficiencies of turbulence models.

The 1980 Conference was attended by 181 invited par-
ticipants from 12 countries (Australia, Canada, France,
India, Japan, Norway, Sweden, Switzerland, United
Kingdom, United States of America, West Germany, and
Yugoslavia).

5 Test Cases for 1981

As a result of the work of the Data Evaluators and the
presentations and discussions held at the 1980 meeting, ap-
proximately 50 Test Cases (30 incompressible plus 20 com-
pressible) have been selected as broadly meeting the criteria
laid down for ‘‘trustworthy experimental data sets.” A
detailed specification is being provided for each test case
delineating computations to be done, and plotted in
prespecified form for comparison. Except in a few special
cases, 2computations are specified only where trustworthy data
exist.!

The Test Cases have been subdivided as follows:

A. Simple Case: Shear layers or homogeneous flows (at the
level of the 1968, 1969 and 1972 meetings).

B. Entry Case: A test case that is more complex than type A
and thereby meets the entry requirement for presentation at
the 1981 meeting.

C. Central Case: Four entry cases (two incompressible, two
compressible) selected by the Organizing Committee as being
sufficiently important as a test of turbulence modeling,
numerics, and the current state of the art to warrant
requesting as many computers as possible to submit com-
putations in order to provide dense results to improve the
learning process.

D. Predictive Case: A case for which only the initial con-
ditions and geometry are given in the specification. Data are
being taken in parallel with the computations and will be
compared in the 1981 meeting. Four such cases will be used in
the 1981 meeting.

The Simple Cases include attached, two-dimensional

12The second author collated, integrated, and in some instances arbitrated
the numerous recommendations for improvement of test cases arising during
the 1980 meeting.
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boundary layers with pressure gradient in incompressible flow
and a considerable number of incompressible homogenous
flows. (The homogeneous flows are particularly important to
model formation, and computors requested extensions of the
data set; this has been done.) .

The Central Cases for incompressible flow include a curved
free-shear layer and a backward-facing step, while for
compressible flow they include a well-documented transonic
airfoil and a compression corner at Ma =3,

The Entry Cases in incompressible flow include: conical
diffusers with low and high inlet turbulence; the effect of
freestream turbulence on a boundary layer; separating and
separated flow in a passage; boundary layers with strong
convex and concave curvature; boundary layers with blowing
and suction; the near-wake of a circular cylinder; a stalled
two-dimensional airfoil; secondary flows in a wing-body
junction, in a curved rectangular channel, and in a square
duct; equilibrium, self-preserving, and three-dimensional wall
jets; relaminarizing boundary layer; relaminarizing tube flow;
development and asymptotic state of a mixing layer; sym-
metric and asymmetric two-dimensional wakes, and other
cases.

The Entry Cases in compressible flow include: a supersonic
boundary layer with blowing; boundary layers with three-
dimensional and axisymmetric shock impingement; shock-
separated boundary layer on transonic airfoils at zero lift and
incidence; normal shock wave/boundary layer interaction;
transonic flow over axisymmetric and two-dimensional
bumps; cone at incidence in supersonic flow, and other cases.

The Predictive Cases for incompressible flow include: the
developing flow in a square duct with a non-uniform velocity
profile at inlet; sudden expansions in ducts of varying
geometries. Unfortunately, no predictive cases for com-
pressible flow will be completed soon enough for use in the
1981 meeting.

It is expected that about 50 computor groups will provide
computations in time for the 1981 meeting. Of that number,
about 16 groups have declared an intention to tackle ten test
cases or more. Standard plots are being supplied for each
case, so that direct comparison of results will be possible.
Problems concerning difficulties in numerics, methods for
disclosure of numerical codes, computing times, and com-
puting difficulties (including methods which do not work) are
all matters which will be discussed at the 1981 meeting.

The 50 Test Cases chosen for the 1981 meeting do not
exhaust the data sets available which meet the criteria
discussed previously. Some 20 other Test Cases are available
for inclusion in the Data Library. In addition, more than a
dozen other classes of flow have yet to be evaluated and
remain as possible future additions to the library.

It will be noted that the 50 selected Test Cases do not in-
clude incompressible flow in three-dimensional attached
boundary layers and flows with swirl. (Such flows form a
vital component in the prediction of airfoil and wing per-
formance at subsonic and supersonic speeds and in com-
bustion systems, respectively.) These flows were studied by
Data Evaluators and were presented at the 1980 meeting.
They were recommended by the 1980 meeting, but regrettably
were not completed soon enough to be available for selection
as Test Cases for the 1981 meeting. They will be made
available for later testing and discussion through the data
library and will, therefore, be available as a basis for later
meetings.

In addition, several important classes of flows were
evaluated in which the Data Evaluators reported deficiencies
in all data so severe that they did not meet the criteria laid
down for possible Test Cases. These flow cases include: three-
dimensional flows other than boundary layers; complex
wakes, including ship wakes, wakes from buildings, and the
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flow around protuberances from solid surfaces: turbulence-
turbulence interactions; strongly non-equilibrium flows;
laminar-turbulent transition; and flows with distributed
buoyancy effects, Further experimental work on each of these
flows is an urgent task for the future. Experimental groups
engaged in work on these flows are advised to refer to the
reports of the Data Evaluators and to the Proceedings of the
1980 meeting, to ascertain the nature of the deficiencies in the
existing data sets as a guide to future research. They are also
urged to note the recommendations for future data-takers,
with particular reference to uncertainty checks and ex-
perimental control.

6 Special Problems Discussed at the 1980 Meeting

Because of the presence of so many experienced ex-
perimentalists, the 1980 meeting provided a special op-
portunity to discuss and report on difficulties that frequently
arise in experiments on turbulent flows. The following ac-
count includes brief remarks on several such topics and issues
which arose during the course of discussion or were the
subjects for the Special Committees set up during the meeting.
The complete reports will appear in the Proceedings.

(a) The Effect of Initial Turbulence Conditions on the
Development of Free-Shear Layers and Wall Boundary
Layers. This question arose several times during the meeting
and was the subject for a Special Committee under the
chairmanship of Professor H. Nagib. The problem is not one
of academic importance only; there have been several recent
applications which rest on modification of the large-scale
turbulent structure in a shear flow, with subsequent
significant changes in the downstream development. The
possible applications include enhanced mixing, increased heat
transfer rates, and reductions in surface drag. The Committee
proposed that advanced computer-prediction schemes for
turbulent flow should be tested for their sensitivity to the
initial conditions, specifically changes in the spectral
distribution of the turbulent energy over the ‘‘inlet’’ flow
plane.

(b) Uncertainties in Hot-Wire Fluctuation Data at Low
Mach Numbers. This was the subject of a Special Committee
chaired by Professor B. G. Newman. The complete report
includes much important practical information for use by
experimenters relating to: uncertainty analysis; drift;
measurement of dissipation; integrating times; measurements
in high-intensity turbulent flows; measurements in reversed
flows; and the circumstances which warrant replacement of
the hot wire by the laser.

(¢) Turbulence Measurements in Transonic and
Supersonic Flows. This was the subject of a Special Com-
mittee chaired by Professor E. Reshotko. There was general
agreement that the continued use of the hot wire is recom-
mended, even though output uncertainty is more than 15
percent in the transonic zone. The laser-doppler anemometer
is found to give only limited information on temperature and
density fluctuations. Some redundancy checks using both the
hot wire and the LDA are badly needed at this time.

It was also agreed that turbulent flow measurements in
transonic and supersonic flows require more careful
preplanning than in low-speed flows; a greater number of
measurements are required, although the usable data are
fewer than in low-speed flows; the experiments are much
more expensive to run; as a result of these factors, more
attention to the uncertainty analysis is needed.'? As a result of
these factors, there is much less agreement concerning what

13Parado‘xically, uncertainty analysis appears to have been used far less in
these difficult compressible cases than in incompressible flows, apparently
owing to historical rather than logical reasons.
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constitutes ‘‘trustworthy data’’ in transonic and supersonic
flows.

(d) Experiments and computations on Free-Shear Layers
or Mixing Layers. This Special Committee was chaired by
Professor F. Champagne. The Committee made recom-
mendations with respect to suitable ‘‘trailing edge’ geometry
for both two-dimensional and axisymmetric flow where, in
the latter case, the first two diameters are assumed to be a
reasonable simulation of a two-dimensional (planar) mixing
layer. Also discussed were levels of free-stream turbulence
which are likely to have little effect on the structure of the
mixing region and the initial conditions for the boundary
layer at the trailing edge.

(e) Shock Waves in Turbulent Flows. In discussing
transonic and supersonic flows at the 1980 meeting, the
question of the location of the shock wave and its in-
dependence with respect to time was raised frequently. No
clear answer was forthcoming to this question. Many ex-
perimentalists were agreed that, where the mean flow field
remained steady, observations of the shock wave appeared to
show it was steady also. However, others suggested some
residual unsteadiness of shock waves is generally observed,
and there was no evidence available to prove conclusively that
a shock wave immersed in turbulent flow does not undergo
oscillations owing to effects of turbulent fluctuations. This is
a topic that also calls for future careful experimentation.

() Two-Dimensional Flow. Recurrent questions were,
‘““What constitutes a two-dimensional flow?’’ and ‘“What
measurements need to be made to provide acceptable ex-
perimental confirmation that a given flow is two-
dimensional?’’ The meeting agreed that the questions can be
answered only by taking suitable control-volume
measurements of rates of mass and momentum flux. There
was agreement that a flow could not be certified as two-
dimensional simply because the mean flow was relatively
independent of the spanwise location.

7 Position Papers Presented at the 1980 Meeting

Three Position Papers were presented to the 1980 meeting
and will be reported in full in the Proceedings of that meeting.
They are:

(i) The Data Library, by B. Cantwell

(i) Contributions to the Theory of Uncertainty Analysis
for Single-Sample Experiments, by R. J. Moffat.

(iii) Experimental Data Needs for Computational Fluid
Dynamics, by P. Bradshaw, B. Cantwell, J. Ferziger, S.
Kline, M. Rubesin, and C. Horstman.

Some information on (i) has been given above indicating
the importance of the existence of the library for the work of
the 1980-81 Conference and its continuing function.

The importance of uncertainty analysis in controlling
experiments, the need for wider use of such analysis, the
importance of uncertainty bands in comparing computation
with experiments, and the nature of the new contributions by
R. Moffat have all been covered earlier in paper (ii).

Paper (iii) provides a starting point for the clear delineation
of the interaction between experimental data. and com-
putational fluid dynamics which is central to the 1980-81
Conference. Study of this paper should be useful for nearly
anyone involved in experimental or computational fluid
dynamics at this time.

8 Conclusions

(i) The 1980 Stanford meeting is best looked on as a
successful, impartial, cooperative effort of a large fraction of
the experimental fluid mechanics experts in reaching a
consensus concerning: ‘‘what currently available ex-
perimental data on turbulent flows are sufficiently trust-
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worthy to be used as inputs to turbulence modeling and/or a
basis for standard ‘‘trials’’ for checking outputs of com-
putations?”’

(i) The central conclusion of the meeting was that about
70-100 sets of such data are suitable as Test Cases within the
framework of Complex Turbulent Flows; of these sets, about
50 will be used as Test Cases for the 1981 meeting.

. (iii) No adequate data exist for some complex flows nor in
general for any very complex flows such as flow behind three-
dimensional bluff bodies; collection of such data remains a
task for future research. The 1980 meeting showed there is
need for many more experimental investigations of high
quality for some classes of turbulent flows. Recom-
mendations regarding the planning of these experiments, the
care needed in setting up the initial conditions and in con-
tinuously monitoring uncertainty analysis and deserve checks
are all matters considered at the Conference. Considerable
detail on these matters are reported in the Proceedings.

(iv) Increased interaction appears to be needed between
computors and experimentalists in fluid dynamics in order to
close the loop iteratively between experiment and com-
putation and thereby speed progress.

(v) Contributors to the 1980 meeting repeatedly stressed
the importance of initial and boundary conditions in many
complex turbulent flows. They also emphasized the need for
more careful reporting and documentation of those con-
ditions than has usually been the case in the past.

(vi) The period involving preparations for the 1980
meeting as well as the meeting itself appears to have been a
period of great stimulation and hence of accelerated learning
in turbulent flow research. The full fruits of this learning will
not be evident until the 1981 meeting is completed and the
results digested. What the learning process has already made
very clear is that turbulent flow research is of such magnitude
that the resources of one laboratory are insufficient to the
totality of problems in providing and assessing reliable data
sets, or in evaluating the many developing methods of CFD to
practical applications. Thus, cooperation among research
workers on the scale associated with the 1980 meeting has
many advantages and is probably essential if the opportunity
to move toward adequate prediction of complex turbulent
flows is to be realized in an effective manner.

(vii) It seems likely that the 1981 meeting will confirm that
the progress made in CFD is such that, given time, many
complex turbulent flows of the types used as Test Cases for
the 1980-1981 Conference will be computable to an accuracy
satisfactory for engineering and other applications, provided
the initial and boundary conditions are adequately specified.
Major questions remaining to be assessed by the 1981 meeting
include: (i) the current extent of progress in predicting
complex turbulent flows, (ii) the likelihood of constructing a
single turbulence closure model that is both sufficiently ac-
curate and computationally not-too-slow for a wide variety of
flows, or on the contrary, whether a variety of closure models
will be needed to fulfill the requirements of engineering
prediction.

(viii) At this stage of the 1980-1981 Conference, it is
important to emphasize that neither the requisite ex-
perimental data base nor CFD methods will be completed by
the 1980-1981 Conference. Further work on the Data Library
will be required, and development of the computational
methods will be far from concluded. Despite this, if the rate
of progress in the highly useful assessment of the 1980
meeting can be maintained, the 1981 meeting will conclude
with a state-of-the-art in the prediction of, and a solid core of
test cases for use in assessing further progress in, computation
of compiex turbulent flows. The authors are grateful for
having had the opportunity to play a role in this challenging
and important research task.
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The Stability of Pumping
Systems—The 1980 Freeman Scholar
Lecture

A review is presented of the types of instabilities which are encountered in pumping
systems of technological interest. These include axial and centrifugal compression
systems, pumping systems involving cavitation, systems with two-phase flow,
systems with combustion, hydraulic systems, and systems which have two or more
pumping elements in parailel. All of the above will be seen to exhibit instabilities
under certain operating conditions, although the mechanism of instability, as well
as the particular system element that is responsible for the instability, will be quite
different in the different systems. However, several basic concepts, such as the idea
of negative damping which is associated with dynamic instability, will be seen to be
common to the different systems.

The review is organized around the different types of systems that are discussed,
and includes descriptions of the steady-state performance, the regimes in which one
would expect instability, and the mechanisms of instability. An idealized pumping
system is first examined to illustrate some of the basic concepts. More realistic
systems are then treated in the same manner of showing steady-state performance,
regimes of instability and mechanisms. In the review attention is given mainly to-
those areas in which there is high current engineering interest, and an attempt is
made to describe those areas of research which can be most fruitfully pursued. In
general, it is suggested that efforts should be directed toward obtaining an improved
understanding of the transient behavior of the active (instability causing) elements
within the system, since it is lack of knowledge of this aspect that currently limits
the accuracy of system stability predictions.

E. M. Greitzer

Associate Professor,

Department of Aeronautics and
Astronautics,

Massachusetts Institute of Technology,
Cambridge, Mass. 02139

1 Introduction

There are a large variety of pumping systems which are
commonly used by fluids engineers; there are also a large
variety of instabilities encountered in these systems. The
consequences of these instabilities result in widely varying
difficulties with the fluid mechanic performance of the
systems. At orne extreme the instability may lead to only a
minor annoyance, such as a small decrease in efficiency or a
rise in noise. At the other extreme, however (which is the more
usual situation), instability may lead to a totally unacceptable
flow regime or even to the catastrophic failure of the system.
This review addresses those types of system instabilities which
are important in technological applications of fluids engi-
neering.

As a starting point it is useful to state what will be meant
herein by the terms ‘‘stability’’ and “‘pumping system.’’ For
the first term we can use the definition given by Betchov and
Criminale [1]: “‘Stability can be defined as the quality of being
immune to small disturbances.”’ Thus if one has a system at a
given operating point and the system is subjected to a small
perturbation, a critical question to be answered is whether or

Contributed by the Fluids Engineering Division for publication in the
JourNAL oF FLuips ENGINEERING, Manuscript received at ASME Headquar-
ters, January 12, 1981.
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not the system will return to the original operating point. This
does not completely encompass the scope of the material to be
discussed below, however, since it only focusses on the
response to small perturbations and the initiation of in-
stability. Often of great importance is the behavior sub-
sequent to, this onset, where the perturbations of the system
from steady operations are no longer small. We will therefore
examine some of the (large amplitude) consequences of
system instability as well.

The term *‘pumping system’’ can be defined for purposes of
this review to include almost any system where one drives a
fluid through a pipe, channel, etc. by means other than
gravity or other source of natural circulation. In the review,
the most attention will be devoted to the type of system in
which the pumping element is a turbomachine of some type
and where it is the performance of the turbomachine that
triggers the instability; however, we will also address other
situations such as instabilities in two-phase flows, instabilities
in vaneless diffusers, self-excited instabilities in hydraulic
systems, supersonic diffusers, etc.

A. Overall System Characteristics and Stability of a Basic
Pumping System. As a focus for the overall problem, let us
consider a basic pumping system, examine the performance,
and describe some of the fundamental criteria that determine

JUNE 1981, Vol. 103/193
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Fig.1 A basic pumping system

the system stability. This is shown in Figure 1, where we see an
idealized system. An incompressible fluid is pumped from a
large, constant pressure reservoir through a closed tank which
contains a compressible gas (air) and then through a throttle
valve into another large reservoir. The second reservoir does
not necessarily have to be at the same pressure level as the
first; however, in this example we will take the two to be at the
same (constant) pressure. In addition, if we neglect end effects
we can take the inlet of the pump (the ‘‘Inlet’’ station) and the
exit of the throttle (the *‘Exit’’ station) to be at the same
pressure, and thus consider for now only the parts of the
system within the dotted control surface. The essential
elements are therefore the pump, the compliance or mass
storage capability of the closed volume, the throttle (which
controls the system flow rate) and the inertance of the fluid in
the pump inlet and exit and throttle lines.

We can examine briefly the overall steady-state per-
formance of the different elements, Some typical forms of
pump, fan, and compressor characteristic curves are shown in
Fig. 2. The horizontal axis is flow, which is usually the in-
dependently controlled variable, and the vertical axis
represents the pressure rise or pressure ratio. (The shapes of
the curves are representative, but the curves are not drawn to
scale.) Curves 1 and 2 would be found in centrifugal pumps,
while curve 3 might be for an axial flow fan, and the
discontinuous curve 4 would be for a multistage axial com-
pressor. In our simple system the resistance that the pump has
to work against is provided almost wholly by the throttle

Nomenclature

/
s
/
/
N ¥
5 /
e /
a / P
\/G\\@\
Flow

Fig.2 Typical pumping characteristics

valve. In a more general system the resistance would also
include the various losses in the system piping, the influence
of bleeds or other subsystems, etc. However, the overall shape
of the typical system flow-pressure requirement curve would
look somewhat like that sketched in Fig. 3, where curves 2 and
3 correspond to decreasing throttle areas from curve 1, and
where curve 4 might represent the effect of increasing throttle
area or the presence of a bleed. These curves, which all have
positive slope, can be taken as typical of many systems;
however, it can be noted that important exceptions to this
occur in two-phase flow systems, as will be discussed below.
For the present we will consider only the positively sloped,
single-phase situation.

The steady-state operating point of our system is set by two
conditions, namely that the flow through the compressor and
the flow through the throttle are the same and (since the two
reservoirs are at the same pressure) that the pressure rise
through the compressor is equal to the pressure drop due to
the system resistance. These two conditions imply that the
steady-state “‘match point’’ is at the intersection of the
pumping characteristics and the throttle (or system resistance)
curves shown in Figs, 2 and 3, respectively.

Let us now examine the stability of an arbitrary steady-state
operating point. With reference to the left-hand side of Fig. 4,
consider the effect of a small perturbation in mass flow (a

T = temperature

a = speed of sound { = length of heated section of T, = total temperature
A = flow-through area channel W = diffuser width (also
A;, = inlet flow-through area ' m = mass flow relative velocity)
= compressor  stability /V0/86 = corrected flow, defined in U = blade speed at mean radius
parameter; footnote 11 of axial compressor
B = (U/2a) VV/AL, N = number of compressor U, = axialinducer tip speed
C = fluid velocity stages Ui, = impeller tip speed
Cp = specific heat at constant N/V§ = corrected speed, defined in V = volume
pressure footnote 11 V, = air volume
C, = specific heat at constant Ny = phase change number; V., = compliant volume
volume Noew = (Q,1/v5) v; = fluid velocity at inlet to
C, = axial velocity Ngb = subcooling  parameter; heated section
C, = axial velocity non- Ny = (Ap/py ) (Ahgy,/Dhg) X, = exit quality
uniformity, see Fig. 12 P = pressure vy = specific heat ratio
D = diameter (also D-factor, Py = total pressure 0P = pressure perturbation
see footnote 7) PR = pressureratio & = mass flow perturbation
i = V=1 . R = radius Ahg,, = subcooling
L = length of compressor or SP = stability slope parameter; Ah;, = latent heat of vaporization
pump ducting, duct length defined in the section on . AP = pressure difference
between heated section and “Stage Stall in a Cen- AP, = pressure difference across

throttle
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decrease, say) at operating point A. If this occurs, the
pressure drop across the throttle is now smaller than that
produced by the pump. This pressure imbalance will cause
fluid accelerations that return the system to operation at the
initial point, so that point A is a stable operating point. This
will be true for all points to the right of point A or for points
between A and B. However, consider the situation at point B,
where the throttle line is tangent to the pumping charac-
teristic. For a small decrease in mass flow the pressure forces
that arise now will be such as to cause the system to depart
further from the initial operating point, so that point B is an
unstable operating point. We have thus derived the most basic
of the stability criteria for a pumping system—the system will
become unstable if the slope of the pump (or compressor)
pressure rise curve is steeper than the slope of the throttle
curve.

This criterion is, however, too simple to describe many of
the real phenomena that are observed in pumping systems
since it only considers the static stability of the system (static
instability is associated with a pure divergence from the initial
operating point). In fact, it is often the criteria for dynamic
stability (dynamic instability leads to growing oscillatory
motion about the initial point) which are violated first.

Static instabilities can be inferred from viewing the tran-
sient performance of the system as a sequence of (quasi-)

Nomenclature (cont.)

steady states. Hence steady-state performance considerations,
in particular a knowledge of the steady-state pump charac-
teristics, throttle lines, etc., is enough to define the stability.
In the prediction of dynamic instability, on the other hand,
parameters such as inertances and capacitances must be in-
cluded since they play an essential role in determining the
transient response of the system to disturbances. These
parameters are not part of the information needed to describe
the steady-state system operation. Hence knowledge of
steady-state performance curves alone is not sufficient for
prediction of dynamic instability, and additional information
about quantities such as volumes, duct lengths, etc., must also
be included. As shown on the right-hand side of Fig. 4, the
point to be emphasized is that a pumping system can be
statically stable (according to the slope criterion described in
the foregoing) and still exhibit instability.!

'The terms dynamic and static instability can be made more quantitative by
the following illustration. Consider a simple second order system described by
the equation

d*x
dr?

where o and 8 are constants of the system. The transient response of the system
to an initial perturbation is given by

X=A exp[(—a+\/a2~5)1] +Bexp {,(_‘X_Vaz—B)t]

ax
+2a @ +B8X=0

where the constants A and B are determined by the initial conditions. If > o? ,
the condition for instability is simply « <0, which corresponds to oscillations of
exponentially growing amplitude. Instability will also occur if B8<0, in-
dependent of the value of «; however in this case the exponential growth is non-
oscillatory. It is usual to denote these two types of instability as dynamic and
static respectively. Static stability (83>0) is a necessary but not sufficient
condition for dynamic stability.

The distinction between the two types of instability appears to have been
made first by Maxwell [2], who wrote:

““It will be seen that the motion of a machine with its governor consists in
general of a uniform motion, combined with a disturbance which may be ex-
pressed as the sum of several component motions. These components may be of
four different kinds:

1. The disturbance may continually increase.

2. It may continually diminish.

3. It may be an oscillation of continually increasing amplitude.

4, It may be an oscillation of continually decreasing amplitude.

The first and third cases are evidently inconsistent with the stability of
motion; and the second and fourth alone are admissible in a good governor.””

The first case is the static instability, the third is the dynamic instability.

= axial locit arameter — aywial i ; :
APy, = pressure difference across o ?)):Sid ovnet(i)glsg . eg Ve = ax12;.‘1f_lr.1dutcer pressure rise
. coefficient,
heated section ¢y = centrifugal impeller flow 1
APy = pressure difference across rate parameter based on U, = AP/ —p U2
throttle . radial velocity at diffuser 2
AT = temperature difference inlet divided by tip speed w = frequency (or Helmholtz
B = szgf;rty change, liquid to Y = pressure rise coefficient, resonator frequency when
1 specified)
A= Stﬂ;ﬁiltligllgiili?’ge constant ¥ = AP/ — pU; Q, = reciprocal of characteristic
= pr _ ) . ! .
"7 defined in cquation (A-36) Yrs = inlet total to exit static L aS,SOC‘atlef7w“h lpsgase
o = density pressure rise coefficient, change; see [147] or [152]
p, = vapor density Vs =‘f(P oult - P Tin ) ﬁUQ y Subscripts and Superscripts
¢ = cavitation number (also Y4 = centrifuga impeller (") = mean flow quantity
used for solidity in vaneless diffuser pressure ; .
. £ D-f rise coefficient &( ) = perturbation quantity
SEfm(li“fmo -factor) ’ ( )* = design point value
7 = time delay P. - P P = pum
¢ = axigl j@ocity parameter; ¢ v _( aggger ~ P F = heated section
= d
ot = design value of axial _1_ pU? Numerical subscripts are defined in the
velocity parameter 2 Pe text.
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B. Physical Mechanism for System Dynamic In-
stability. To analyze the dynamic- stability of our idealized
system we can consider a lumped parameter system model. In
this model all the kinetic energy of the unsteady flow in the
system is associated with the flow in the pump and throttle
lines, and all the potential energy associated with the system
transients is taken to arise from the expansion and com-
pression of the fluid in the closed storage volume. The mass-
spring-damper mechanical analogue of such a lumped
parameter system is illustrated schematically in Fig. 5 where
the essential components of the simple pumping system are
shown. As is indicated, a key feature due to the pump is the
ability to provide a negative damping (i.e., a net input of
mechanical energy) to the system transients, as will be
described shortly. Analyses of the stability of this type of
system have been carried out by Emmons et al. [3], Taylor [4},
Stenning [5], and others. Although there are differences
between the various analyses, the general result that emerges
is that the system will be (dynamically) unstable near the peak
of the pressure rise/mass flow characteristic, at some slightly
positively sloped operating point, and this is usually well
before the simple static stability criterion is violated. The
explicit criteria are derived in the Appendix, which presents
stability analyses of the system shown in Fig. 1, as well as of
several of the other types of pumping systems described in this
review.

The physical mechanism for this dynamic instability is quite
different from that responsible for the static instability and,
as stated, can be regarded as due to a negative damping of the
system perturbations. In addition, in the discussion of the
static stability no mention was made of the mass storage
capability of the closed volume in the system. This, however,
is a key part of the dynamic instability, since the restoring
force generated by the expansion and compression of the gas
in this volume is critical to the (growing) oscillatory behavior

associated with dynamic instability. To understand the basic,
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mechanism, as well as the requirement of a positive slope for
instability, consider the system undergoing oscillations about.
a mean operating point. Since the flow through the throttle is
dissipative, there must be energy put into the system to
maintain the oscillation (or to increase its amplitude in the
case of instability). The only source of this energy is the
pump. Therefore let us examine the mass flow and pressure
rise perturbations through the pump. These are shown in Fig.
6 which presents the perturbations in mass flow (/n) and
pressure rise (Ap) through the pump, plotted versus time over
a period of one cycle (assuming that the pump responds guasi-
steadily to fluctuations in mass flow). The product of the two,
o X 6Ap, whose integral over a cycle is equal to the net
excess (over the steady-state value) of the rate of production
of mechanical energy is also shown,

In the case of a positive slope it is found that favorable
conditions for net energy input occur, since high mass flow
rate and high rate of mechanical energy addition (in the form
of pressure rise) go together. As shown in the figure the
product of the two is positive definite over the whole cycle.
Thus the net amount of mechanical energy that the pump puts
into the flow will be higher than if the system were in steady
operation at the mean flow rate. In a similar fashion the net
dissipation due to the throttle will also be higher than if the
system were in steady operation. When the net energy input
over a cycle balances the dissipation, a periodic oscillation can
be maintained. This corresponds to the boundary between
stability and instability. In the case of an operating point on
the negatively sloped region, as shown in the right-hand side
of the figure, the pump actually puts in less mechanical energy
over a cycle than in steady operation (since high mass flow is
associated with low energy input); the perturbations will
therefore decay and the operating point will be stable. To
summarize, dynamic instability for our simple system can
occur when the mechanical energy input from the pump is
greater than during a mean (steady) flow (i.e., when there is
the required amount of negative damping), and this can only
occur if the pump characteristic is positively sloped so that
high mass flow and high mechanical energy input per unit
mass flow go together. ‘

We have so far discussed system stability with reference to a
simple pumping system, and this has served to introduce ideas
such as dynamic and static stability and system modelling
concepts. We will use this as a framework for discussion of
some of the more complex system instabilities. It will be seen
that the above discussion is useful for providing insight into
the transient behavior of a number of types of pumping
systems. However, there are other situations in which the
instabilities will be seen to arise from quite different causes,

Transactions of the ASME

Downloaded 02 Jun 2010 to 171.66.16.86. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



and we will need to extend the ideas concerning the physical
mechanisms that lead to instability.

It is to be emphasized that this review examines system
excursions from a steady operating point which are self-
excited, rather than the result of a response to an external
forcing function. We will therefore not consider such topics
as, for example, the large pressure amplifications which can
occur in hydraulic systems due to periodic .opening and
closing of a valve, since these are really forced response
(resonance) phenomena rather than instances of system in-
stabilities. (A general reference for these types of phenomena
is the book by Wylie and Streeter [6].) In addition, the various
types of aeroelastic instabilities that are encountered in
pumping systems (such as flutter in axial turbomachines, flow
induced vibrations of liquid lines or of cylinders in crossflow,
etc.) will not be discussed, nor will the self-excited lateral
vibrations, such as rotor whirl, which can occur in rotating
machines. Further the review will also not address the
development of (mathematical) techniques for assessing the
stability of a system at a given operating point once an
adequate mathematical description of the system dynamics
has been formulated. The different methods for doing this
(using the Routh-Hurwitz Criterion, the Nyquist Stability
Criterion, etc.) are very well covered in a number of texts (e.g.
[71, [8], [9]) and our emphasis here will rather be on the fluid
dynamic features that are important in the generation of the
instability.?

The structure of the review is as follows. The different
sections will be organized around the different types of
pumping systems and their associated instabilities. Discussion
will be given of the steady-state system performance, as a way
to put in perspective the parameter regions in which instability
is to be expected. The instabilities that occur in the specific
systems will then be described, along with the kinds of
analyses and relevant criteria used to predict them. In several
instances the large amplitude system transients that occur
subsequent to the onset of (linear) instability will also be
examined since these can have important engineering con-
sequences. The type of system to be discussed first will be the
axial compression system with a single phase fluid, since this
is a system which has been extensively studied and with which
the author is most familiar. Centrifugal compressor and (non-
cavitating) pump systems with single phase fluids will then be
described, including instabilities associated with vaneless
diffuser flows. Next we will examine the instabilities that arise
in turbopumps because of the presence of cavitation. Self-
excited pulsations in supersonic diffusers will also be briefly
mentioned. Some attention will then be given to the various
types of instabilities that are associated with two-phase flow
in pumping systems. Low frequency combustion oscillations
and instabilities in hydraulic systems will also be briefly
surveyed. The last types of instability to be considered will be
those that occur in compound pumping systems (pumps in
parallel), with the oscillatory flow that occurs in branched
diffusers being a simple case of this type. Although there is
not space to give details of all of the different analyses that are
discussed, quantitative stability criteria for several different
simple pumping systems are derived in an appendix. In the
review the emphasis is aimed at the physical mechanisms that

2Note that when we use the term stability (or instability) in this review, it will
generally refer to the behavior of a linearized system which is undergoing small
amplitude transients about a given mean operating condition. As such, whether
the system is stable or unstable is unambiguous (see the definitions given by
Maxwell quoted above). However, in formulating a general approach to
consideration of the behavior of nonlinear systems, it becomes useful to
distinguish between relative degrees of stability. Discussion of this topic is also
outside the scope of this lecture; however, readable introductions to it are given
in [10] and [11]. This subject is also' covered in many books on modern control
theory.
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are of import, the ability of present methods to predict the
salient features of the phenomena of interest, and the
problems that should be addressed in order to provide the
fluids engineer with improved guidelines for designing stable
flow systems.

I Axial Compressor Pumping Systems

As a first step in the discussion of more realistic systems, let
us examine a configuration in which the simple model
developed above is, in fact, quite useful. These are the
pumping systems (compression systems) found in gas turbine
engines. To be more specific, we consider an aircraft turbine
engine consisting of a multistage axial compressor (or
compressors) which discharges into a relatively large volume
(the combustor) with the throttling provided by the down-
stream turbines. It is thus reasonably similar to the basic
system of Fig. 1.

A. General Types of Instabilities Encountered in Axial
Compression Systems. The performance map of a multistage
compressor is customarily plotted as pressure ratio versus
(corrected) mass flow at different (corrected) rotational
speeds.? A typical “‘compressor map’’ of this sort is shown in
Fig. 7, taken from [13]. Contours of adiabatic efficiency are
also indicated. The steepness of the low pressure ratio portion
of the constant speed lines is due to the effects of com-
pressibility. The line at which the speedlines terminate is
referred to as the stall line (or surge line) and marks the limit
of stability of axisymmetric flow. To the left of this line large
oscillations of the mass flow rate may occur (called surge) or
severe self-induced circumferential flow distortions may
rotate around the annulus (rotating stall) or a combination of
both phenomena may appear.

Rotating stall induces large vibratory stresses in the blading
of compressors and is therefore often unacceptable for
structural reasons. In addition there can be a large drop in
performance associated with this flow regime (efficiencies
below twenty percent can be seen in the literature) [14], so that
overall gas turbine engine cycles may not be self-sustained. In
an engine the greatly decreased mass flow through the system
can also cause turbine overtemperatures. Surge can be in-
tolerable from the point of view of system operation and can
also lead to high blade and casing stress levels [15]. Thus, no
matter which type of instability appears when the stall line is
crossed, the stall line generally represents a limit to the useful
operation of the machine and is therefore to be avoided.

The position of the stall line is a matter of great concern to
the designer, and considerable effort is frequently expended
to ensure that there is sufficient margin between the stall line
and the operating line. Even if this is done, there are still
certain situations under which stall will occur, such as rotor
speed transients, flow distortions, and nonsteady, inlet and
exit flow pulsations. Given this fact, the problem of recovery
from a stall condition, i.e., recovery from the regime that
results from an initial system instability, also becomes ex-
tremely important, especially in aircraft engine applications.

Because of this, there are really two technologically im-

3 The corrected flow is defined as 1876, where #1is the actual mass flow, 8 is
the ratio of inlet total temperature to a reference temperature (6 = Ty, / Trer),
and & is the ratio of inlet total pressure to a reference pressure (8 = P,/ Pref)-
For a specific machine compressing a given (perfect) gas this quantity is a
function only of the inlet flow Mach number. The corrected speed is defined as
N/VG, where N is the rotational speed, and can be regarded as a form of blade
Mach number. Use of these parameters ensures that the results of tests are
applicable to operation at levels of temperature and pressure different from the
original test conditions. Discussion of the use of these parameters for
representation of compressor performance is given in many texts on tur-
bomachinery, for example that of Horlock [12].
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portant aspects of axial compressor pumping system in-
stability that must be addressed. These are: (1) examination of
the basic fluid mechanics associated with the onset of the
instabilities that lead to rotating stall and/or surge, and (2)
behavior subsequent to the onset of the initial instability,
including large amplitude system transients. In discussing
these, the author has, of necessity, made use of parts of a
recent review on the topic of axial compressor stall
phenomena [16]; the reader is referred to that article for a
more detailed exposition of points that are not covered here in
depth.

The instabilities in the type of pumping system under
consideration arise in general due to the presence of stall.
Looked at from the point of view of the individual diffusing
passages in the compressor, stall generally implies separation
of the flow from one or more of the passage walls. However,
compressor blade rows consist of many of these diffusing
passages in parallel, so that phenomena can occur which do
not happen with a single airfoil or diffusing passage. One of
the most striking of these is rotating stall. This is a flow
regime in which one or more “‘stall cells’’ propagate around
the circumference of the compressor with a constant
rotational speed, which is usually between twenty and seventy
percent of the rotor speed. In the cells the blades are very
severely stalled. Typically there is negligible net through-flow,
with areas of local reverse flow, in these regions. The cells can
range from covering only part of the span (either at the root
or at the tip) and being only a few blades in angular width, to
covering the full-span and extending over more than 180
degrees of the compressor annulus. It is this latter situation
which most commonly occurs in multistage compressors at
speeds near design and which is most serious. The part-span
stall of the first stages of multistage compressors at low speed
attracted a large amount of interest in earlier years, but this
has generally much less severe consequences and is hence not
of primary concern.

The basic explanation of the mechanism associated with the
onset of stall propagation was first given by Emmons et al. [3]
and can be summarized as follows. Consider a row of axial
compressor blades operating at a high angle of attack, such as
is shown in Fig. 8. Suppose that there is a non-uniformity in
the inlet flow such that a locally higher angle of attack is
produced on blade B which is enough to stall it. If this hap-
pens, the flow can separate from the suction surface of the

blade so that a substantial flow blockage occurs in the channell
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between B and C. This blockage causes a diversion of the inlet
flow away from blade B and towards C and A to occur (as
shown by the arrows), resulting in an increased angle of attack
on C and a reduced angle of attack on A. Since C was on the
verge of stall before, it will now tend to stall, whereas the
reduced angle of attack on A will inhibit its tendencies to stall.
The stall will thus propagate along the blade row in the
direction shown, and under suitable conditions it can grow to
a fully developed cell covering half the flow annulus or more.
In this fully developed regime, the flow at any local position is
quite unsteady; however, the annulus averaged mass flow is
steady, with the stall cells serving only to redistribute this
flow.

The onset of rotating stall is thus associated with an in-
stability which arises due to the stall of the compressor blade
passages.* As far as the overall system is concerned, this can
be regarded as a localized instability. However, there is also a
more global system instability that can occur, which leads to
surge. In contrast to the behavior during rotating stall, the
annulus averaged mass flow and the system pressure rise
during surge undergo large amplitude oscillations. The
frequencies of these oscillations are generally at least an order
of magnitude below those associated with passage of a
rotating stall cell and depend on the parameters of the entire
system. In addition, during the surge cycles the instantaneous
mass flow through the compressor changes from values at
which (in steady state operation) the compressor would be
free from stall, to values at which one would find rotating
stall or totally reversed flow. Because of the low frequency of
the oscillations, the compressor can pass in and out of these
flow regimes in an approximately quasi-steady manner.’

The two types of instability are indicated schematically in
Fig. 9. A sketch of the transient signatures that would be
given by typical high response instrumentation, such as a hot
wire at the compressor inlet for the rotating stall situation and
a pressure probe in the combustor (or other volume down-
stream of the compressor) for the surge cycles, are also in-
dicated in the figure. Rough magnitudes of the time scales
associated with the different phenomena in an aircraft gas
turbine context are shown as well. It is to be emphasized that

4The point of stall can, however, be affected by other closely coupled
components in the system as described below.

51n view of this behavior E. S. Taylor [17] has paraphrased P. T. Barnum to
describe the distinction between surge and rotating stall respectively: “you can
operate a compressor to stall all of the blades some of the time, or to stall some
of the blades all of the time.”’
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although the illustration indicates the phenomena only in this
particular context, these instabilities are inherent in pumping
systems involving all types of turbomachines.

The two phenomena (surge and rotating stall) can be seen to
be quite distinct. However, they are not unrelated, since often
the occurrence of the local instability (associated with the
onset of rotating stall) can trigger the more global type of
system instability (leading to surge). It is therefore necessary
to consider the possibility for both types of instability and
develop methods for their prediction. We will examine the
techniques for predicting rotating stall first.

B. Prediction of the Onset of Rotating Stall in Axial
Compressors; Correlations for Stall Inception. As noted
earlier, a key problem is the prediction of the point at which
stall occurs. This problem has been attacked by many in-
vestigators at several quite different levels of approach. The
most empirical are the correlations that have been developed
for stall onset. The basic concept is to find a parameter (or
parameters) which correlates the ““stall point’’6 for a number
of different blade geometries, compressor designs, etc. In a
design procedure for a low hub-tip ratio fan, for example, the
parameter could be applied at different span locations along
the blading, using the local flow conditions generated by use
of one of the many axisymmetric compressor flow field
calculations, to see whether any section would be operating
under too adverse a condition, while for a multistage com-
pressor the parameter might be applied only on a meanline or
averaged basis. Several of the early correlations of this sort
are described by Horlock [12], but one of the well-known
examples of this type of approach, which is still much in use,
is the work of Leiblein [18]. He developed a parameter which
he called the diffusion factor (or D-factor),” which was
related to the adverse pressure gradient which the boundary
layer on the suction surface of the airfoil was subjected to.

It was found that the total pressure loss correlates quite well
with D, and, based on Leiblein’s cascade results, one can see a
rather sharp rise in loss occur as D is increased past a value of
roughly 0.6. This can therefore be taken as a very ap-
proximate criterion for the onset of stall in a cascade (see also
[19] for further work using this approach). Although much of
the work done by Leiblein was based on two-dimensional
cascades,the use of the D-factor has been carried over to axial
as well as to centrifugal compressors (Rogers [20]). Features
such as the differences between the flows in a cascade and the

SDefined here as the condition at which the steady axisymmetric flow
becomes unstable.

7The D-factor was defined by Leibleinas: D = 1 — C/C| + ACy/20Cy,
where Cy is the inlet relative velocity, C, is the exit relative velocity, ACy is the
change in the circumferential velocity component, and ¢ s the solidity.
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flows at the tips of axial compressor rotors, for example, are
“‘recognized’’ by noting that different limiting values of the
D-factor are used for the rotor tips than for other sections.

The correlations based on D-factor, as well as other im-
proved correlations for the stall point, have been extensively
investigated by the aircraft engine companies. Virtually all of
this information, however, is held as proprietary and there is
little in the open literature, particularly as regards multistage
compressors and transonic fans. Several features that are
significant, however, are that the *‘limiting’’ D-factor, or
other loading parameter (i.e., the value at onset of stall),
tends to increase as the aspect ratio and/or the non-
dimensional tip clearance® decreases. An example of the first
of these trends, as presented by Smith [21], is given in Fig. 10,
which shows non-dimensional stage pressure rise versus flow
coefficient from two compressors with aspect ratios of 1.96
and 5. The two compressors each have four stages and the
same nondimensional tip clearance.® It can be seen that the
lower aspect ratio compressor has a higher pressure rise per
stage at the stall point, and stalls at a lower flow rate. Similar
results have been found by Fligg [22]. Effects of tip clearance
are also illustrated in the above-mentioned paper by Smith, as
well as in [23] and [24]. There are several other factors such as
Reynolds number, tolerances and deterioration, etc., that can
also have an effect on the stall point. These are also accounted
for in practice by using correlations, and they will not be
discussed here save for the remark that there can be a sub-
stantial loss in stall margin as the blade Reynolds number
drops below roughly 100,000 [25].

Although the use of correlations such as D-factor may
appear to be an overly simple approach, it is one that is at
present in common usage for multistage axial compressors,
since the more theoretical approaches have not yet led to the
definition of the stall point with any additional precision.
However, although it is important to mention these
correlations, and to give several relevant references, the main
emphasis in this review is on the fluid dynamics associated
with the instability phenomena, and the correlative
procedures do not really provide insight into this aspect.
Therefore let us now consider analyses which are tied more
closely to the flow instabilities occurring in the compressor.
These can be divided into two types: linearized (small
disturbance) stability analyses for predicting the onset of
rotating stall, and nonlinear treatments which follow the
growth of small perturbations to a fully developed, finite
amplitude state.

C. Linearized Stability Analyses for Rotating Stall On-
set, The first of the linearized stability analyses was by
Emmons et al. [3], who investigated the conditions under

8Tip cleérance/staggered spacing; ‘‘staggered spacing’’ = blade pitch X cos
acy where acy is the stagger angle, measured from the axial direction.
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which a small amplitude, circumferentially nonuniform, two-
dimensional flow perturbation in a cascade would grow. Since
then there have been many extensions of this investigation, of
which two recent examples are the papers by Nenni and
Ludwig [26] and by Fabri {27]. An excellent summary of the
earlier work is given by Emmons, Rockett, and Kronauer [28]
and a comprehensive bibliography up to 1967 has been
compiled by Fabri [29]. A useful overall introduction to the
topic is given by Stenning [5].

In these analyses a small amplitude perturbation is
superimposed on a given mean operating condition of the
compressor or cascade. The linearized equations of motion
are solved to yield the forms of the flow perturbations in
regions upstream and downstream of the compressor blade
row (cascade). The wavelength of the flow non-uniformities is
taken to be much larger than the blade pitch (as is ex-
perimentally found to be the case) so that an actuator disk®
model of the cascade can be used. Suitable matching con-
ditions are then applied across the cascade to link the flow
quantities upstream and downstream. In general the con-
ditions used (for the two-dimensional case) have been con-
tinuity of mass across the cascade, an inlet/exit flow angle
relation, and an inlet angle/total pressure loss relation,
although some investigators have found it more convenient to
work in terms of circulation and shed vorticity [26] rather
than total pressure. From this procedure one can then
determine the eigenvalues of the system of equations, which
define the stability of the flow field, or one can examine the
growth in time of an initially prescribed small perturbation
(for times until the disturbances become too large for the
linearized theory to apply).

These calculations yield results in terms of the critical slope
of a function such as the mean compressor performance
curve, or cascade loss curve, etc., at which the axisymmetric
flow becomes unstable. However, these slopes are extremely
difficult to obtain accurately, especially for the cases of
greatest interest—multistage compressors or transonic fans.
This is a major reason for the relatively little usage of these
methods by designers. In other words, if one wishes to use one
of the instability calculations as a predictive tool, one must be
able to predict the slopes of the compressor constant speed
characteristic at off-design conditions, and, at present, this
cannot be done with an adequate degree of precision.

Putting aside this difficulty, however, there is still the

9 Defined as a representation of a blade row as a plane across which the mass
flow is continuous but the total pressure, circumferential velocity, pressure, etc.
can be discontinuous.
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question of how well existing stability criteria describe the
onset of rotating stall. As an example let us consider one of
the best known of the (two-dimensional) criteria, due initially
to Dunham [30], which states that rotating stall inception will
occur at the peak (zero slope point) of the exit static pressure
minus inlet total pressure compressor characteristic. This
criterion, which has also been derived by other investigators,
has been applied with some success and does appear to furnish
a rough ‘‘rule of thumb.” However, counter examples in
which it does not hold can also readily be found. An
illustration of this, Fig. 11, shows data from a sample of low-
speed muitistage compressors.!? In this figure the horizontal
axis is axial velocity parameter, ¢, [=(C,/U)] and the ver-
tical axis is non-dimensional pressure rise,

[Pexit = Pry . ]
1
oU? ) '

Curves V, VI, and VII do appear to show approximately
zero slope (within the accuracy of the data), but curves I-IV
have a negative (i.e., stable) slope right up to the stall points.
This situation, where there does not appear to be a zero slope
region of the compressor characteristic, is even more apparent
in high-speed multistage compressor data. (The author has
not seen any multistage data in which the converse is
true—i.e., in which operation significantly on the positive
slope part of the characteristic is found.)

Having said this, however, it should be emphasized that in
the opinion of this author these types of stability calculations
can still be useful. This is true on several counts, not the least
of which is that they provide an overall physical un-
derstanding of the breakdown of the axisymmetric flow in
axial pumps or compressors. Also, an important advantage of
the stability analyses is that they can be used to show effects
that correlations would not predict. One of these is the
coupling, or interaction, between blade rows, between dif-
ferent compressor spools, or between a compressor and
components downstream in the compression system. Such
coupling is much stronger with asymmetric flows than in the
axisymmetric situation. This feature, which is central to the
understanding of non-axisymmetric flows in compressors,
occurs because of the much larger length scales of the flow
non-uniformities than in the axisymmetric situation.
Specifically, it is the ‘‘single lobed” (i.e., one per cir-
cumference) flow perturbation which appears to be of most
practical interest in multistage compressors. For disturbances
of this type the relevant length over which adjoining rows can
be considered to interact is on the order of the radius of the
machine. Thus, adjacent blade rows, or even the two spools of
a gas turbine engine, can be considered to be closely coupled
as far as circumferentially nonuniform flow is concerned,
and, as emphasized by Dunham, it is not correct to analyze
the stability of one row in a compressor without considering
the influence of the other rows. This coupling can be taken
into account by the stability analyses and although, as stated,
they may not be quantitatively precise, they can still give
valuable guidance as to when row-row, spool-spool, etc.
interactions will be important (see section H, below).

¥rs <=

D. Nonlinear Investigations of Rotating Stall Inception and
Growth. Although the linearized analyses have in the past

1OThree—stage compressors: I, II, V, VII [31]; TV [32}; VI [33]; Four-stage
compressor: 111 {34].

' These are appropriate parameters for representation of compressor (or
pump) performance in regimes in which compressibility is not important. This
can be seen directly from dimensional analysis, or it can be shown formally that
the more general representation of pressure ratio as a function of corrected flow
and corrected speed will reduce to the  versus ¢ representation when the in-
fluence of compressibility can be neglected.
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time,

been used to try to predict some of the features of fully
developed rotating stall, it has become clear that in this flow
regime the stall cells are definitely not small perturbations and
linear analysis is inapplicable. Thus this type of investigation
is only useful for the problem of stall inception, and to follow
the subsequent development of the rotating stall, one must use
a nonlinear model. This has been done by Takata and Nagano
[35], as well as by Orner [36]. (It should also be mentioned
that extension of these calculation procedures to the case of
circumferentially distorted inlet flow has been carried out by
Adamczyk [37] and Pandolfi and Colasurdo {38].) These
models use time marching techniques to determine whether a
small disturbance will grow or decay by calculating the
development of the flow to some eventual steady-state
solution. This could consist of a flow with a large amplitude
disturbance propagating around the compressor, which is
taken to be indicative of compressor operation in rotating
stall.

An example of the results of this type of calculation for an
isolated rotor is given in Figure 12 taken from Takata [35].
The figures show the normalized axial velocity non-
uniformity C,/C, versus circumferential position at different
non-dimensional times, T, = (time » C,)/2%R. It can be seen
that the initial sinusoidal perturbation grows into a large
amplitude disturbance which propagates round the cir-
cumference.

Calculations of this type can show some of the features of
rotating stall such as the hysteresis in the stall/unstall process.
Other aspects, however, do not appear to be modeled very
well, and a general comment on these nonlinear models is
that, in spite of their complexity, many of the central features
of the fully developed stalled flow may not yet be represented.
For example, the present calculation procedures are either
two-dimensional, assume that the flow occurs along
axisymmetric stream surfaces so that flows perpendicular to
these surfaces are supposed zero, or only include three-
dimensionality in a potential flow representation. Ex-
periments, however, indicate that strong radial flows can in
fact occur. In addition the models of unsteady blade row
performance that are used are quite rudimentary. They are
essentially one-dimensional and rely heavily on extrapolation
of the loss and turning characteristics (to the negative flow
regime according to experimental measurements). Further,
the calculations are carried out with a constant mass flow,
whereas in the actual situation the mass flow will change
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(along a throttle line) as the flow develops from unstalled to
fully developed rotating stall. In addition, the steepness of the
downstream throttle characteristics can have a significant
effect [39]. In view of the path dependent behavior shown by
some features of rotating stall (i.e., the hysteresis) it may be
that these latter aspects should also be taken into account.

Because of the above, the author feels that while it is useful
to pursue calculations of this type, they should be closely
compared with available experimental data to assess the
effects of the assumptions. For example, one result of these
calculations which is not satisfactorily explained is that for an
isolated rotor the number of cells that appears from the
calculation is equal to the number of lobes in the initial
perturbation, whereas tests with isolated rotors have shown
that the number of cells is rather a function of the overall
mass flow through the stage [40].

E. Overall Compression System Instability. We have so far
discussed the prediction procedures for the inception of
rotating stall in a compressor with a uniform inlet flow, and
we can now turn to an examination of the criteria for the
onset of the more global type of instability leading to surge.
This is a system phenomenon and one in which, in contrast to
rotating stall, the compressor appears to participate in an
essentially one-dimensional manner. Although the calculation
of this system stability point can readily be carried out using
analyses of the type described in the introduction, once again
we encounter a situation where the critical parameters are the
slopes of the steady-state (uniform flow) compressor speed
lines at the stall point, and, as stated, there is difficulty in
predicting these.

It is useful, at this point, to again mention the relation
between the two types of instability. The global (system)
instability is a basically one-dimensional phenomenon, in-
volving an overall, annulus averaged (in some sense) com-
pressor performance curve. For typical volumes, lengths, and
throttle characteristics this must generally be slightly
positively sloped for system instability to occur. We have also
seen that the axisymmetric flow through a compressor can be
unstable to two- or three-dimensional infinitesimal dis-
turbances and that this local instability marks the inception of
rotating stall. However, the onset of this rotating stall is very
often associated with a precipitous drop in the overall (‘‘one-
dimensional’’) pressure rise mass flow curve of compressor
performance. In other words, the inception of rotating stall
can lead to a situation where the instantaneous compressor
operating point is on a steeply positively sloped part of the
characteristic, with a consequent violation of the dynamic
and/or the static instability criteria. In this sense, the onset of
the local compressor instability can trigger the more global
compression system instability.

F. Multi-element Stability Models. Up to now the discus-
sion of compression system stability has been based on
viewing the compressor as a single element. However, under
some circumstances this can be too simple, since there can be
differences between the mass flow perturbations at the front
of the compressor and those at the rear, due to com-
pressibility. Thus, different investigators have extended the
overall lumped parameter analysis and modeled the com-
pressor with a stage by stage (or even row by row) method,
using separate volumes and actuator disks for each stage.
Mass, momentum, and energy balances are written for each
of the stages. Examples of such investigations are references
[41]-[45], and a discussion and comparison of some of the
basic models can be found in [42].

The determination of the instability point for these models
can be found either by solving for the eigenvalues or by
(digital) simulation of the system transients. In addition these
models can explore the effects of pulsations that are imposed
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on the compression system. However, as with the simpler
models, ‘‘the compressor stability boundary is strongly in-
fluenced by the stage characteristics. The overall results are
thus dependent on the accuracy of the stage character-
istics. . .”’ [45]. Hence the ability to predict the slopes of the
steady-state (uniform-flow) compressor speed lines at the stall
point is a key item in the successful use of these techniques.

G. Inlet Distortion Effects on Compressor Stability. In the
above discussion we have regarded the stall point of the
turbomachine as being essentially set by the geometrical
parameters of the machine. However, in practice there are
other factors that can significantly affect the point at which
the onset of instability occurs. One of the most important of
these is inlet distortion, which is a term used to describe a
situation in which substantial total pressure, velocity, and/or
flow angle variations exist at the compressor inlet face.
Aircraft gas turbine engines are particularly prone to inlet
distortion problems due to changes in aircraft attitude and the
effect of the airframe on the inlet flow conditions. However,
industrial installations can also suffer from inlet distortion in
cases where poorly designed bends have been installed up-
stream of the compressor. In these situations, some portion of
the blading is likely to be operating under more unfavorable
conditions than would occur with a uniform flow at the same
mass flow rate, leading to a decrease in the useful range of
operation of the machine.

An illustration of the effect of inlet distortion on com-
pressor stability and performance is given in Fig. 13, which
shows data from a nine-stage axial flow compressor [46]. The
horizontal axis shows corrected mass flow, and the vertical
axis is the total pressure ratio. The dashed lines indicate the
measured performance with a uniform inlet, while the solid
curves give the measured performance with a circumferential
distortion, i.e., a circumferentially nonuniform inlet flow. It
can be seen that there is a substantial degradation in per-
formance and, far more importantly, a large drop in the
position of the stall line (the stability boundary) due to the
distortion. While the consequence may not be this severe with
all compressors, there is generally a reduction in the stability
of the compression system associated with the presence of an
inlet distortion.

Because of the widespread occurrence of inlet distortions,
and their adverse effects on system stability, there has been a
large amount of work on the problem of predicting com-
pressor response to flow distortion. These again range from
correlations to more basic analyses. The review mentioned
previously ([16]) has discussed these in some detail, and we
will therefore only summarize some of the main conclusions.
Although a detailed bibliography is given in [16], several
useful references on this topic are [47]-[52].

Perhaps the most important point that emerges from these
investigations is that there is a strong interaction between the
compressor and the distorted flow field. Put another way, the
compressor does not passively accept the distortion, but plays
an active role in determining the velocity distribution that will
occur at the compressor face, which is what the individual
compressor airfoils actually respond to.

In the investigations that have been carried out on the effect
of inlet distortions, the flow non-uniformities are commonly
divided into radially varying steady-state, circumferentially
varying steady-state, and unsteady distortions. In reality the
distortions encountered are combinations of two or possibly
all three of these types, but significant progress has been made
using the above simplifications since, in many situations, the
principal loss in stall margin can be regarded as due to one of
the three. For example, during changes of aircraft attitude the
inlet distortion may vary significantly with time over a time

scale of the order of tenths of seconds or longer, which is.
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many times longer than the time for a fluid particle to move
through the compressor. These distortions can therefore be
considered as if they were steady.

For transient distortions, or for a steady circumferentially
nonuniform flow (which the moving compressor rotor sees as
an unsteady flow) the effect of unsteady blade row response is
to mitigate the degradation of stall point by the distortion.
This effect increases as the reduced frequency (based on blade
length, through-flow velocity, and a frequency which
characterizes the time scale of the distortion) increases.
Hence, for the circumferential distortions, it is the distortions
with low harmonic content, i.e., a small number of ““lobes’’
around the circumference that are most serious. In addition,
in connection with the unsteady effects, it is found that the
local transient performance of a blade row can be con-
siderably different than the quasi-steady situation, especially
near the stall point. As one example of this, Fig. 14 shows the
(relative) total pressure loss coefficient for a rotor operating
in a 180 degree distortion [52]. The horizontal axis is the
relative inlet air angle (measured from the tangential direc-
tion, so that decreasing inlet angle means increasing angle of
attack on the blades) and the vertical axis is the rotor total
pressure loss coefficient. It can be seen that the loss coef-
ficient exhibits an unsteady ‘‘loop’ as a function of inlet
angle as the rotor moves through the distortion. The values
obtained in a uniform flow test of the rotor are also shown,
and it can be seen that there are substantial differences be-
tween the steady and unsteady performance.

A further very important point illustrated in this figure is
that with. distortion the rotor is operating transiently at flow
angles below those associated with the uniform flow stall
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point. That is, excursions to higher angles of attack (i.e.,
lower flow rates) than could be tolerated with a uniform flow
can be tolerated locally (transiently) in the distorted case.
Thus the unsteady response is an important feature to include
in developing predictive methods for circumferential inlet
distortion.

Another conclusion is related to the relevant length scale
over which two compression system components interact in
the presence of inlet distortion. This length scale is basically
set by the wavelength of the flow non-uniformity. For
example, for the one-lobed type of pattern with a strong first
Fourier component, the axial length needed before two
components can be considered not to interact is roughly a
diameter. Gas turbine engine components are generally
spaced much closer than this. Hence, for the type of flow non-
uniformities that have the greatest effect on stability, the
compressor must be viewed as closely coupled to downstream
components, and the distorted flow performance of the
compressor can thus be quite dependent on the downstream
component.

H. Effect of Downstream Components on Compressor
Stability. The above discussion of the coupling between a
compressor and a downstream component furnishes a useful
introduction to another aspect of the onset of instability in
pumping systems. We have said that the response of a
compressor to a circumferentially nonuniform flow can be
altered by the presence of a downstream component in the
system. However, consider the stability boundary for
nominally uniform inlet flow conditions, i.e., the inception
point of rotating stall. This occurs when conditions are such
that a circumferentially nonuniform flow perturbation in the
compressor annulus can grow. Based on the previous
paragraphs, it might be expected that this point could be
affected by components downstream of the compressor, since
the downstream boundary condition on the flow perturbation
is altered. The extent of any change in stability boundary is of
course dependent not only on the nature of the downstream
component, but on the circumferential length scale of the flow
perturbation, since this determines how close the coupling is
between compressor and downstream component [53].
However, for many situations of practical interest the
predominant mode of instability occurs with a one-lobed type
of disturbance, so that the relevant axial distance within
which there can be a strong interaction is on the order of the
machine diameter. This generally means that in terms of the
stability boundary the compressor is not isolated from the
influence of downstream components. More detailed
analytical and experimental studies of this phenomenon bear
out this general conclusion. The analysis predicts that, relative
to the situation with a constant area exit annulus, an exit
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(annular) diffuser should be destabilizing (i.e., the onset of
rotating stall should occur at a higher flow rate), whereas an
exit (annular) nozzle should be stabilizing (rotating stall onset
occurring at a lower flow rate) [54]. The theory predicts the
slopes of the compressor pumping curve at which instability
will occur and these are difficult to measure precisely;
however, the experiments bear out the predicted trends. As an
example, Fig. 15 shows data from a three-stage compressor
run with three different downstream components. The tests
were carried out with a uniform inlet flow. The stability limits
are marked for the three conditions. It can be seen that even
with these relatively passive devices a shift in the stall point of
roughly ten percent in flow occurs. It should be noted that the
diffuser used was of quite conservative design so that no
diffuser stall occurred, and that the diffuser and nozzle were
spaced more than a passage height downstream of the
compressor so that (as can be seen from basic flow scaling
arguments) no upstream influence of an axisymmetric sort
would occur. This type of interaction between the pumping
element and downstream components can be even more
strongly manifested in centrifugal compressors, as will be
discussed below. In these situations the diffusers (vaned or
vaneless) can be not only the cause of premature compressor
stall, but can themselves exhibit rotating stall, as will be
discussed in subsequent sections.

This stabilizing effect of a downstream component on
rotating stall inception has also been noted in a test of a flow
configuration designed to simulate a movable door in the
outer casing of the fan duct of a turbofan engine [55]. The
actual geometry employed resulted in essentially coupling an
axisymmetric nozzle close i.e., downstream of the outer
portion of a fan rotor. The rotor had previously exhibited
rotating stall without this downstream flow modification.
However, with the ‘“‘door’’ in place, the inception of rotating
stall was suppressed down to the lowest flow that could be
achieved with the facility; this occurred at a flow roughly one-
half the flow at the previously observed stall limit.
Measurements indicated that at these lower flows there was an
axisymmetric type of recirculating flow near the rotor tip.
(There was also a significant efficiency penalty associated
with the presence of the downstream door.)

1. Stability Enhancement With ‘‘Casing Treatment.”” We
have described some of the various types of instability,
commented on the criteria for determining their onset, and
discussed the adverse effects on stall of inlet distortion on stall
inception. However, another area which is of interest con-
cerns techniques for enhancing the stability margin of a
turbomachine. The most obvious of these is to achieve the
needed stability margin by matching the compression system
below its peak efficiency point (in effect setting the match
point so that the compressor blading has incidences and
pressure rises far below the maximum). Although this
provides an increase in airfoil incidence range between the
operating line and the stability limit, it would lead to
decreased efficiency on the (down-rated) operating line, and
this is generally unacceptable.

One of the solutions to this problem that has been applied is
the use of so-called “‘rotor casing treatment’’ to improve the
stability of compressors. This casing treatment consists of
grooves or perforations, over the tips of the rotors in an axial
compressor, or located on the (outer) shroud in a centrifugal
machine. Numerous investigations of these types of con-
figuration have been carried out under widely varying flow
conditions, and these have demonstrated that the range of
usefuiness of these casing configurations extends from
compressor operation in basically incompressible flow
(relative Mach numbers of roughly 0.15) to the supersonic
flow regime (relative Mach numbers of 1.5) ([56]-[60] and see
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[16] for additional references and discussion of this topic). A
sketch of one of the more successful of these casing con-
figurations is shown in Fig. 16. These grooves are known as
axial skewed grooves. A typical improvement in stall line
brought about by use of these grooves is shown in Fig. 17 for
a transonic axial fan. It is to be noted that far larger im-
provements have been seen, and that casing treatment has also
been used to inhibit instability in centrifugal compressors, as
will be discussed in a subsequent section.

Although the basic mechanism of operation of the casing
treatment has not yet been fully elucidated, some important
points have emerged. If we refer back to the description of the
onset of rotating stall, it is apparent that for this type of
instability to occur, the blade passages must be operating at a
condition such that they have the capacity to generate large
blockages for small changes in inlet condition. What is found,
however, is that the level of blockage in the rotor passages is
greatly decreased due to the presence of these grooves. As an
example of this, Fig. 18 shows data taken just downstream of
an axial compressor rotor [61]. The measured quantity is the
nondimensional relative frame total pressure loss across the
rotor, i.e., the total pressure loss measured (by a probe
rotating with the rotor) in a coordinate system fixed to the
rotating blades. Data are shown for both solid wall and casing
treatment, at a mass flow rate near the stall limit of the solid
wall configuration. In this instance the onset of rotating stall
was associated with a large blockage created near the end wall
of the blade passage. The contours are increments of 0.05 in
relative total pressure loss across the rotor divided by inlet
dynamic pressure, It can be seen that with the casing treat-
ment there is a much smaller region of low total pressure fluid
and hence a greatly decreased blockage in the blade passage.
Thus one would expect that the tendency towards rotating
stall would also be greatly suppressed, and the stable flow
range of the machine extended, with the grooved casing. This
indeed was the case, as can be seen in [61], where it is shown
that a substantial increase in stability margin has been
achieved.

Casing treatment is a potent remedy in increasing stall
range. However, it is not a panacea, since there is generally
some penalty in efficiency for those treatments which have the
most success in improving stall range. Thus, it is important to
understand the basic principles of its operation if one wishes
to optimize the treatment in a rational manner.

J. System Transients Subsequent td Instability Initi-
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ation. We have, until this point, been concerned primarily
with the phenomena associated with the onset of instability.
As mentioned previously, another very important problem is
associated with the behavior subsequent to the onset of in-
stability. As was illustrated in Fig. 9, there are two modes of
system behavior that can result—surge and rotating stall. The
former consists of large amplitude oscillations in pressure rise
and flow during which the compressor undergoes periodic
excursion from a stalled to an unstalled condition. Operation
in rotating stall is characterized by a situation in which, after
an initial transient, the overall (annulus averaged) mass flow
and pressure ratio are steady and can be greatly reduced from
the values that existed prior to the onset of instability.

For an aircraft gas turbine engine, a key requirement is
recovery from stalled conditions once instability occurs. In
this connection, therefore, it is important to note that even
though surge may be associated with severe transient stresses
due to the large amplitude flow variations, the engine does
operate in an unstalled condition over part of the surge cycle.
Because of this, one is able to open bleed valves or make other
changes that will have an effect on bringing the system out of
surge. In contrast to this, rotating stall, and in particular the
full-span, large extent, rotating stall which is characteristic of
a multistage compressor, can be very difficult to recover
from, as will be discussed in detail below. Therefore, it is the
surge mode that is much more favorable for recovery in
systems such as aircraft gas turbine engines and is hence the
more desirable one. On the other hand, for an industrial
centrifugal compressor or pump, it may be that operation in
rotating stall can be tolerated, and that throttle movement is
wide enough so that recovery is readily achieved. In this
situation it may be that the often violent oscillations that
occur during surge make this the less desirable of the two
modes.

Whatever the situation, however, it is apparent that an
important question is whether a given pumping system will
exhibit large amplitude oscillations of mass flow and pressure
ratio (surge), or whether the system will operate in rotating
stall where the annulus average mass flow and pressure ratio
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are essentially steady, but are greatly reduced from the pre-
stall values.

To answer this, one must analyze the nonlinear system
behavior. This was done by Greitzer [62] using the Helmholtz
resonator type of compression system model introduced by
Emmons [3] (for the linear case). The analysis shows that for
a given compression system, i.e., specified compressor
characteristic, plenum volume, compressor length, etc., there
is an important non-dimensional parameter on which the
system response depends. This parameter is denoted as B:

U
2wl,

where w is the Helmholtz resonator frequency of the system,
L. is an ““effective length’’ of the compressor duct, and U is
the rotor speed. If we insert the definition of w we can define
Bin terms of geometric and physical system parameters as

Uy
" 2aV AL,

B=

where a is the speed of sound, A, is the compressor flow-
through area and ¥V is the plenum volume.'? For a given
compressor characteristic there is a critical value of B which
determines whether the mode of instability will be surge or
rotating stall. Thus if we examine the system transient
response as represented on a compressor map format
(pressure rise versus flow) we find the following situation, as
indicated in Fig. 19. The steady-state pumping characteristic
is shown for reference. Systems with B above the critical
value, as shown on the right (e.g. speeds above a critical
value) will exhibit surge oscillations, while those having B
lower than the critical (speeds below the critical value) will
undergo an initial transient to the (annulus averaged) steady
flow and pressure rise associated with operation in rotating
stall.

Experimental evaluation of this concept is shown in Fig. 20,
in which data is presented for a three-stage compressor that
was run with several different downstream volumes [32]. The
horizontal axis is corrected speed and the vertical axis is the B
parameter. The open symbols mark the experimental values
of B at which the changeover from rotating stall to surge
occurred for the different volumes tested. (The solid point
indicates the highest value of B that could be obtained with
the smallest volume used.) The regions in which one en-
counters surge (B above the critical value) or rotating stall (B
below critical) as the mode of instability are also indicated. It
can be seen that the prediction of a constant B as the boun-
dary between surge and rotating stall is well borne out,
although the value at which the change occurs is somewhat

2gor the system of Fig. 1, V should be the volume of the compressible gas in
the closed volume.
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above that predicted by the theory. (It should again be em-
phasized that the value of 0.8 is for this particular com-
pressor.)

Although it is necessary to carry out the calculations for
any specific case, some motivation for this general result may
be gained by the following qualitative physical arguments.
Notice that we can write B as

B= (pU2/2)A,
oUwL. A,

For a given compressor, the numerator, which is propor-
tioned to the magnitude of the pressure difference across the
duct (Ppienym - Patmospheric)> T€presents the driving force for the
acceleration of the fluid in the duct. If we consider oscillations
that are essentially sinusoidal in character, the order of
magnitude of the inertial forces that arise because of these
local fluid accelerations will be given by the product of the
fluid density, p, the frequency of the oscillations, w, the
amplitude of the axial velocity fluctuation, and the volume of
the fluid in the duct, L.A.. Hence, if we assume that the axial
velocity fluctuation is a specified fraction of the mean wheel
speed, the magnitude of these inertial forces will be
proportional to the denominator. The ratio of the two forces
(pressure to inertial) is therefore proportional to B. Thus as B
is increased, for example by increasing the rotor speed, a fixed
percent amplitude of the compressor axial velocity oscillations
will result in inertial forces that are relatively smaller and
smaller compared to the driving force due to the pressure
differential. The capability to accelerate the fluid in the duct is
thus increased as B increases. Hence, as B becomes larger one
would expect greater excursions in axial velocity and thus a
general trend towards surge rather than rotating stall, and this
is in accord with the experimental results.

The B parameter is useful not only in defining the boundary
between surge and rotating stall, but also as a guide to the
scaling of the overall transient behavior of a compression
system. In other words, for the same value of B, a com-
pression system should exhibit the same transient behavior
regardless of whether this value has been obtained using a
large volume and a low speed or a small volume and a high
speed. Figure 21 shows a comparison of the measured
transient response for two systems at approximately the same
value of B, one with a large volume and low speed and one
with a small volume and high speed, with the value of B high
enough such that surge occurred [32]. The figures show the
instantaneous annulus averaged axial flow parameter (C,/U)
versus nondimensional system pressure rise, i.e., the in-
stantaneous system operating point. As described in [32] the
instantaneous mass flow was obtained using a continuity
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balance; reasons for doing this and difficulties of alternative
ways of measuring this quantity are also discussed. The
steady-state compressor curves are also shown for reference.
As can be seen, the two surge cycles show extremely similar
behavior, emphasizing the influence of B as the relevant non-
dimensional parameter for the phenomena under study.

The surge cycles of Fig. 21 do not show periods of overall
flow reversal. However, with high pressure ratic multistage
compressors, surge cycles having periods of reversed flow are,
in fact, the more common situation. In addition, although the
mass flow and pressure rise oscillations associated with surge
cycles of the type shown in Fig. 21 are relatively sinusoidal (as
a function of time), the variations in mass flow and pressure
rise that occur in compressors of high pressure ratio are quite
non-sinusoidal and are more nearly a relaxation type of
oscillation. The two types of oscillation were referred to as
classic surge and deep surge, respectively, in {32], where it was
shown that this deep surge mode could also be seen with a low
speed compressor as one reduced the throttle area somewhat
from that value associated with the initial instability. Since
this deep surge behavior, which includes overall reversed flow
periods, is the type that is often encountered in practical
situations with multistage axial compressors, it is useful to
spend some time discussing it.

An illustration of the form of this type of oscillation is
presented in Figs. 22 and 23, which show data taken during
deep surge of a compressor. Note that these two figures show
several seconds of data from the middle of a record of ap-
proximately one half minute of surging at this operating
point, so that the surge cycle is basically a steady-state event,
and there is thus no initial transient indicated in the figures.
Figure 22 gives a plot of the same variables as in Fig. 21, i.e.,
the abcissa is the axial velocity parameter, C, /U, (essentially
nondimensional compressor mass flow) and the ordinate is
the nondimensional pressure rise. For reference the measured
steady-state compressor characteristic is again indicated by
the solid line. It can be seen that there is a substantial portion
of the cycle during which the overall flow is reversed and that
the general form of the cycle is roughly ‘‘square’ with two
sections of approximately constant pressure and two of
roughly constant flow.

The time history of the axial velocity parameter is shown in
Fig. 23. For this type of oscillation, most of the time during
the surge cycle can be seen to be taken up in either emptying
the downstream volume (this is the period at small reversed
flow) or in filling it (the period at the high values of com-
pressor mass flow). Between these two relatively long time
periods there are quite rapid increases or decreases in com-

pressor mass flow. There are thus two widely different time
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scales that characterize the oscillation. The first is that
associated with the emptying or filling, and is basically set by
a balance between the system resistances (the compressor and
throttle characteristics) and capacitances (the mass storage
capability of the plenum). During this period changes in mass
flow are small and effects associated with system inertances
are not important. In addition, since there is a significant
mass flow through the throttle, the filling period is generally
somewhat longer than the emptying period. The second time
scale is that which characterizes the rapid changes in mass
flow that occur between the emptying and filling portions of
the cycle. The magnitude of this much shorter time scale is
dependent on the system inertances, which become important
during this part of the cycle. This type of strongly nonlinear
oscillation thus falls into the category of a relaxation
oscillation, as described for example in [63]. Calculations
showing this type of behavior for a compression system are
presented in [62]. Further examples can be seen in the sub-
sequent sections of this review,

We have said that the question of whether surge or rotating
stall will occur is not only dependent on B, but upon the
compressor characteristic. A basic attempt to take into ac-
count one aspect of this, the number of stages (), leads to the
use of NB as the relevant parameter for scaling rather than B.
The motivation for this is that for N identical stages and a
given value of B the pressure rise will be approximately
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proportional to N, so that the ratio of pressure to inertia
forces will increase as the number of stages. There is thus a
strong trend toward lower values of B needed to encounter
surge, rather than rotating stall, as the number of stages and
overall pressure rise of the machine is increased..

We have described the necessity for certain system
parameters to be of a specified magnitude in order to en-
counter surge. A further aspect of the problemr concerns the
physical mechanism for maintaining the surge cycles. These
are large amplitude, nonlinear limit cycle phenomena;
however, the overall mechanism is similar to that described in
the introduction when the concept of dynamic stability was
discussed. This is an increased mechanical energy input from
the compressor during the cycles compared to during a mean
steady flow (which results from a positively sloped com-
pressor characteristic), although it should be emphasized that
it is not just a local value of the slope that matters, but rather
the instantaneous values over a finite range of flows.

We have mentioned that surge frequencies are commonly
an order of magnitude or more lower than those associated
with the passage of a rotating stall cell. In this context we can
also note that, for a given compressor, the rotating stall
frequencies (i.e., the speed or propagation of the rotating stall
cell) will be proportional to rotor speed and independent of
the system parameters. In contrast the surge frequencies are
set by the overall system dynamics and do not scale with rotor
speed. However, changes in surge frequency with speed can
result from changes in either the shape of the compressor
characteristic or changes in the system response as B (which is
proportional to speed) is varied. As an example, [62] gives an
illustration of the calculated large alteration in the frequency
and in the form of the surge cycles, from roughly sinusoidal
with relatively small fluctuations in mass flow to a relaxation
type of oscillation, with much larger mass flow variations, as
B is varied by a factor of six. (Experimental confirmation of
this trend can also be seen in Figs. 8-12 of [32].) In the first
instance the period of the oscillations is basically set by the
natural frequency of the system viewed as a Helmholtz
resonator, that is to say, by a balance between the system
inertance and capacitance whereas in the second it is set by the
emptying and filling times of the downstream plenum, i.e., by
a balance between the system capacitance and resistance.
However, for many practical situations the changes in values
of B encountered over the operating range are not as extreme
as this, and the alterations in the shape of the compressor
characteristic are not very severe. Thus, as a first ap-
proximation, one can assume that the surge frequency of a
given compression system will remain roughly constant as the
speed is changed.

Other aspects of the overall influence of the shape of the
compressor characteristic on system dynamics can readily be
evaluated using models such as that described above. One
important facet of this topic concerns the effect of
stall/unstall hysteresis; that is, differences in the values of the
axial velocity parameter (and throttle area) associated with the
onset and cessation of rotating stall as one reduces and then
increases the mass flow during steady-state operation. As will
be discussed later, this type of hysteresis is commonly en-
countered in multistage compressors at speeds near design.
Several authors have postulated that it is the presence of the
hysteresis ‘“loop’’ in the compressor pumping characteristic
that is responsible for the occurrence of surge. It is to be
emphasized that this is not correct and, in fact, hysteresis is
detrimental to the formation of a surge cycle.

The reason for this can be seen in Fig. 24 which shows the
calculated transient system response with a compressor that
has no hysteresis as well as with one that has a reasonable
amount of hysteresis. The value of B is the same in both these
figures (0.8) so that the systems can be regarded as identical
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Fig. 24 Effect of stall/lunstall hysteresis on compression system
dynamics

except for the difference in compressor hysteresis. The steady-
state pumping characteristics used in the calculations are
shown by the solid curves. The initial motion of the operating
point is the same in both cases, as the axial velocity parameter
decreases to 0.31 and then starts to increase. However, in Fig.
24(a) (no hysteresis), as the compressor flow increases, a
range of compressor operation is encountered where the
characteristic has a strongly positive slope—a situation in
which energy can be fed into the system oscillations to in-
crease their amplitude, resulting in surge. In contrast, in Fig.
24(b) as the compressor flow increases after the initial
decrease, the region of positive slope is never seen. The swings
in compressor mass flow are not enough to get off the stalled
branch of the characteristic and the system exhibits damped
oscillations about the equilibrium point as shown, ending up
in rotating stall. It can therefore be seen that the presence of
appreciable stall/unstall hysteresis in the compressor
characteristic strongly inhibits the occurrence of surge
oscillations in compression systems, making it more likely
that the result of an initial instability of the uniform flow will
be operation at the decreased flow and pressure rise that is
associated with rotating stall.

We can also note that the equilibrium point, i.e., the in-
tersection of the compressor and throttle curves, for this
transient is on the horizontal (zero slope) part of the com-
pressor characteristic. A linear analysis would predict that
this point would be a stable one for any finite B, since a
positive slope is needed for instability. The fact that this point
is actually meta-stable, in that surge oscillations can occur as
a result of the finite amplitude system transients that are
encountered, is another illustration of the qualitative dif-
ference between linear and nonlinear systems.

The strongly nonlinear system dynamics are also
manifested in another type of hysteresis (path dependent
behavior). This exists between surge and rotating stall when
changing the operating point, either by changing the rotor
speed or altering the throttle area. For example, for the
system studied in [32] there was a sizeable regime in which two
different behaviors could be obtained at a given operating
point (given rotor speed and throttle setting) depending on
whether one approached the point from a lower speed, where
the compressor was operating stably in rotating stall, or from
a higher speed in which large amplitude ‘‘deep surge,’”’ with
periods of overall reverse flow, existed. In the first case the
behavior at the specified point would be rotating stall,
whereas it would be surge in the second. In addition, in this
regime, surge could occur even for points where the local
compressor characteristic had a negative slope (in the stalled
region), for example at a C,/U ~ 0.15 in the characteristics
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shown in Figs. 21 and 22. This behavior is described in detail
in [32], where a heuristic model is developed for its occurrence
based on calculations carried out with the nonlinear system
model; however, the main point to be noted here is the large
influence of effects that are inherently nonlinear in character
on the overall features of the system transients.

As a further comment on the fluid mechanics that deter-
mines whether a given compression system will exhibit surge
or rotating stall, we can mention that for more complex
configurations than have been described above, there can be
other features of the problem that must be considered. In
particular for a turbofan engine (which has two separate air
streams), it appears that there can be other phenomena that
will drive the system into rotating stall. This is a question of
considerable importance in connection with the general topic
of *‘Stall Stagnation,’’ but is one in which there is much less
known.

Finally, although not of direct practical import, it is in-
teresting to relate the result on nonlinear surge cycles
discussed above to previous work on nonlinear oscillations. It
can be shown that for certain special cases, the equations
describing the compressor system transients reduce to the
form of nonlinear equations that have been studied ex-
tensively in connection with oscillations in electrical systems.
In particular for the case of a compressor characteristic curve
that can be described by a cubic function of mass flow, taking
the compressor response to be quasi-steady and the throttle
curve to be linear, one obtains an equation which can be
regarded as a combined Van der Pol-Duffing equation. In
fact, for the case of a vertical throttle line the equation
reduces to the well known Van der Pol equation, With these
restrictions, the limit cycle behavior for the case of small
nonlinearity has been found in [64] using a perturbation
approach. Other results for this particular set of cir-
cumstances have been computed numerically by Horvath [65],
some of whose results have also been reported in [66].

K. Rotating Stall in Axial Compressors. The other con-
sequence of compression system instability is rotating stall.
We can describe the flow regimes encountered during com-
pressor operation in rotating stall by considering a
hypothetical compressor of, say, three stages. We examine the
performance curves plotted in the form Yy versus ¢, where
Yrs = (exit static pressure - inlet total pressure)/pU?, and ¢
= C,/U. Two possibilities are shown in Figs. 25(a) and 25(0),
which can be regarded as being representative of data from a
number of actual compressor tests. Figure 25(a) shows a
compressor whose performance curve is either continuous or
has only a small discontinuity in pressure rise (a few percent)
at a stall point, A. This behavior, where there is a very
gradual drop in delivery pressure (or often no drop) at the
inception of stall, is associated with the compressor operating
with one or more stall cells that do not cover the total height
of the annulus. This is known as part-span stall, and an in-
dication of a typical configuration is shown in the figure
where we see two regions of severely retarded flow, i.e., two
stall cells, at the tip. It is of course not always true that the
cells appear at the tip; they can also be found at the hub, and
the picture should just be regarded as giving one typical
possibility.

Part-span stalls are also often seen during low-speed
operation of multistage high pressure ratio compressors.
Under these conditions, which can occur to the right of (i.e.,
below) the stall line shown in Fig. 7, there can be severe
mismatching between the front and rear of the compressor,
and the overall characteristic may thus still be quite negatively
sloped.

As the throttle is closed from the stall point and the mass
flow through the compressor illustrated in Fig. 25(a) is further
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Fig.25 Compressor characteristics showing stalled performance

decreased, the performance curve can exhibit a large
discontinuity where the pressure rise and mass flow jump to
significantly reduced values; this occurs from point B to C on
the figure. This jump is associated with a change in the type of
stall. At point C there is one single cell, occupying a sizeable
fraction of the annulus and extending over the full annulus
height. This regime is known as full-span stall. Further
throttling causes this cell to increase in size with the delivery
pressure remaining relatively constant from point C to D. As
the mass flow approaches zero, the stall cell can grow to fill
the annulus so that the flow can become basically axisym-
metric with the pressure rise often dropping off slightly. If we
were to once again open the throttle, we would find that the
mass flow at which the compressor left the full-span stall
regime, point E, was different from that at which it entered.
However, this hysteresis is usually negligible for the onset and
cessation of part-span stall.

If we examine Fig. 25(b) we see a somewhat different
picture. The large discontinuity in pressure rise and flow now
occurs right at the stall limit (point A). The sharp drop in both
these quantities as the operating point jumps from point A to
point B in this figure is associated with the compressor going
directly into single-cell, full-span stall, as indicated
schematically. Further throttling causes the stall cell area to
grow, although it may not reach 100 percent of the annulus
area even at zero mass flow through the compressor, with the
pressure rise being relatively constant from point B to ‘‘shut
off”* at point C. If one opens the throttle, it is found that there
is a substantial hysteresis between the onset and the cessation
of stall, in that the throttle area has to be increased to a
significantly larger value than that associated with stall onset,
in order for the machine to unstall. The large hysteresis is
therefore responsible for the difficulty in recovering from a
stalled condition.

Just as in the theoretical treatments of stall and stall in-
ception, much of the detailed experimental work on the
structure of the stall cell flow field considers isolated rotors
and [29] can be consulted for a bibliography on the subject.
However, it has become apparent that the constraints on the
flow field in a multistage machine are quite different from
those in an isolated rotor, and we will therefore concentrate
on one of the few investigations of rotating stall in a
multistage environment, by Day and Cumpsty [31]. They used
an ensemble averaging technique which was triggered on each
passage of the stall cell so that they could average the results
of many revolutions of the cell to provide detailed definition
of stall cell properties. Their investigations were carried out
on several different three-stage compressors having quite
different design values of axial velocity parameter, ¢*, i.e.,
(Cy/ U)gesign » 50 the effect of this important parameter could
be clearly seen.

Their paper, which addressed the full-span stall problem,
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shows that in most cases the flow in the compressor can be
divided into distinct areas of stalled and unstalled flow. To a
reasonable approximation the flow in the unstalled area
behaved as it would if there were no stall cell at all. In the stall
cells the fluid velocities ahead of the rotors were near blade
speed and in the direction of rotation, while behind the rotor
the velocities were much lower. The axial velocities in the cells
were small compared with either blade speed or the unstalled
axial velocity; their precise magnitude and direction, however,
varied from compressor to compressor. In addition it was
emphasized that the full span stall cell extends axially through
the compressor. The basic reason for this is that the axial
spacing between blades is quite small compared to the width
of the stall cell. Since a mass flow defect (which is what a stall
cell is) in the front of the compressor can only be “‘filled in *’
by circumferential cross flows between the blade rows, the
close spacing means that this defect will extend basically
straight through the compressor. '3

Day and Cumpsty emphasize that the stall cell is very
different from the wake of a bluff body, the model used by
many previous investigators. If this were the case, then in a
coordinate system fixed to the cell the edges of the cell would
coincide with the steady streamlines in the unstalled flow
surrounding the wake. Such a description had been proposed
by Rannie [67], for example, and has also been used as a
model by Fabri (for an isolated rotor) [29]. The
measurements, however, show clearly that this is not in ac-
cord with the actual picture of an essentially axial cell
propagating at the observed rates. The concept that emerges
therefore, of the instantaneous streamlines as viewed in an
absolute coordinate system, is shown in Fig. 26. There is in
fact mass transport across the cell boundaries so that fluid
that was in the unstalled region (with a high axial velocity) is
violently decelerated as it enters the cell, whereas particles
which were in the cell are accelerated at the cell edges as they
enter the unstalled flow. It should therefore be emphasized
that the “wake’’ models of stall cell flow cannot be applied to
the single or multistage compressor situation.

L. Prediction of Compressor Performance in Rotating
Stall. The prediction of the compressor flow regimes in
rotating stall is important for several reasons. One con-
sideration can be that the speed and number of stall cells
determine the forcing frequency for blade vibration, and it is
desirable to design the blades such that no resonance occurs.
However, a very much more pressing consideration is that of
stall recovery, i.e., the prediction of overall performance
including the hysteresis loop.

In an approach to this problem, Day, Greitzer, and Cump-
sty [39] developed a correlation to predict stalled flow per-
formance. The correlation is based on a heuristic fluid
dynamic model of the compressor flow field in rotating stall,
which is derived from the abovementioned measurements.
Essentially the compressor is divided into a stalled and un-
stalled zone analogous to the concept developed for inlet
distortion. The stall cell is modeled by a zone of zero flow,
and in the unstalled part of the flow the compressor is
assumed to operate at a point on the unstalled performance
curve. The situation is thus shown in Fig. 27 where we see the
stalled ‘‘zone’’ of the compressor working at S and the un-
stalled zone, at the same pressure rise, at U, with the mean

13 This can be readily seen by considering the limiting case of incompressible
flow with infinitesimal axial gaps between the blade rows and with rotor and
stator having equal chord and stagger angle. In this situation there is essentially
no net mass transfer between the stalled and unstalled regions, and the stall cell
must extend axially through the compressor. In the actual situation, the effects
of compressibility, nonzero axial gap, and nonsimilar rotor and stator geometry
will mitigate this argument; however the basic concept (and the conclusion) are
still very useful approximations.
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operating point defined by the intersection of the horizontal
line from S to U and the throttle curve at 0. This model is
applied in conjunction with two experimental observations.
The first is that, following an observation originally due to
McKenzie [68], the nondimensional inlet total to exit static
pressure rise per stage in rotating stall is constant independent
of the unstalled performance (Y5 = 0.11 N in stall, where N
is the number of stages). The second is that there is a critical
value of stall cell blockage, A, (i.e., extent of annulus covered
by the cell) below which full-span stall cannot exist, (A =
0.3). Using these, one can make predictions about whether a
given compressor will exhibit full-span or part-span stall as
well as about the extent of the hysteresis loop.

In particular a correlation has been derived for the flow
coefficient at stall cessation.

d)cessation

— =0.7
d’unslalled at0.11 N

where ¢, qaneq 15 the value of ¢ on the unstalled characteristic
at a level of Y75 equal to 0.11 N. This correlation is shown in
Fig. 28.
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Fig. 28 Effect of ¢* (design C,/U) on stalllunstall hysteresis (three-
stage compressors) {39]

The vertical axis in the figure is the ratio ¢cegarion/ Punstaned at
0.11N, and the horizontal axis represents the different
compressor builds (i.e., each point represents a different
compressor). Data are presented from thirty-four different
single and (mostly) multistage low speed compressors [39],
[69]. It can be seen that the correlation furnishes a very useful
method for predicting stall cessation.

Using this basic procedure, parametric studies can be
carried out to determine the effect of different design
parameters on stall performance. As shown in [39], two
important parameters are ¢* (design value of axial velocity
parameter) and number of stages. For a given design value of
C, /U, the larger the number of stages the larger the size of the
stall/unstall hysteresis. However, a more potent driver is the
value of ¢*; the higher the value for a given number of stages
the larger the size of the stall/unstall hysteresis loop. Ex-
perimental evidence to support this idea is shown in Fig. 29,
which presents data for four different three-stage compressors
with different values of ¢*. At the lowest value of ¢* (curve I)
no hysteresis could be found. As we examine curves II, III,
and IV, which have increasing values of ¢*, we find an in-
crease in the extent of hysteresis.

M. Research Needs and Suggestions for Future
Work. There are many areas in which research is needed as
regards the axial compression system. To start, it should be
emphasized that at present we still do not know how to predict
the stall onset point with the desired degree of precision. Thus
further work in this general area is needed, although there
seems to be little more to be gained from purely two-
dimensional linearized treatments. Approaches which include
the three-dimensional aspects of stall inception, however,
appear useful to pursue. As one example, questions such as
the impact of wall stall versus blade stall on compressor
stability, have not been resolved. Approaches that are based
on treating the blade row or rows as a ‘‘black box,”’ however,
will still have to contend with the capability of present
axisymmetric flow calculation procedures to predict the slopes
of the uniform flow speedlines or loss characteristics near
stall. Because of this it may well be that a numerical treatment
of the flow in the blade passage region would be of con-
siderable use here in clarifying how the blockage changes with
small changes in incidence angle near the stall point.

There is also a need to develop better stability criteria in the
case of compressors operating with inlet distortion. When one
examines present approaches to this, it seems that a
disproportionate effort has gone into the relatively
straightforward task of solving the inviscid flow equations
outside of the blade row, while the simple models that are in

use for the fluid dynamics in the blade row are essentially the

210/ Vol. 103, JUNE 1981

same one-dimensional treatments that were presented over
twenty-five years ago. Thus, the author feels that more effort
should be spent concentrating on the more difficult problem
of understanding the unsteady rotor response in the heavily

loaded (near stall) regime. Probably both experiment and

numerical investigations will be needed for this. It might also
be useful to attempt to formulate the linearized stability

.problem for a situation where the ‘““mean flow”’ has a steady

finite amplitude circumferential inlet distortion. Such an
analysis might give some additional insight into the basic fluid
mechanics of the onset of instability with the inlet distortion.

Although not discussed herein, it should be noted that there
are distortions that are characterized by large variations in
inlet flow angles rather than by non-uniformities in total
pressure. The inlet vortex (or ground vortex) is an important
example of this type of distortion, which can have a
significant effect on stability {70]. At present no theory exists
to adequately describe this type of inlet non-uniformity.

From the point of view of stall stability enhancement using
casing treatment, there is considerable scope for useful work.
As stated, the mechanism by which the treatment decreases
the passage blockage is still unclear and there is a need for
both theoretical and experimental work on this topic.

There are also important areas which are associated with
the behavior subsequent to the onset of the initial instability.
More accurate models are needed to predict the local details
of the surge phenomenon in multistage compressors. This is
important from an aeroelastic standpoint as well as from a
purely aerodynamic one.

The transient behavior of compression systems with
separate air streams, e.g. turbofan engines, is also an area for
further work. As mentioned previously the basic single stream
compression system models do not appear adequate to
describe all of the relevant dynamics in this situation.
Identification of the different mechanisms which cause the
compression system to undergo a transient that results in
rotating stall is an important problem as regards aircraft gas
turbine engines.

Prediction of the features of rotating stall in multistage
compressors is also needed. We can first discuss the overall
performance characteristic. In particular the data reported in
[39] and the subsequent discussion by Harman [69] seem to
bear out the hypothesis that the inlet total to exit static
pressure rise in rotating stall is roughly constant per stage
independent of unstalled performance, but there is no un-
derstanding of why this occurs. Further, even though the
pressure rise is independent of the unstalled performance, the
torque does depend strongly on details of stall behavior
related to compressor design parameters, and this is not
understood. Investigation of these ‘“‘global’’ properties should
be pursued since they directly affect the hysteresis
phenomenon and hence the recoverability of the compressor.
A further facet of this topic is that from the point of view of
aircraft engines which have two or more spools, it is extremely
important to understand the interactions between the high and
low pressure compressors and their effect on stalled flow
performance.

The central features of the stall cell structure are also not
well modeled at present. Work is being carried out on this
topic, but, as stated in the text, present models are still
rudimentary, compared to the aspects of the flow determined
experimentally. Here again an important facet seems to be the
complex three-dimensional, separated unsteady flow in the
blade passages. The blade row models in use for the
calculation procedures are essentially the same as those used
for the inlet distortion problem; however, they are now being
extrapolated even further (to the negative flow regime).
Again, the author feels that more attention should be paid to
the blade row characteristics, particularly in view of Takata’s
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comment that the nonlinearities in the equations of motion do
not seem to have an important role in determining the wave
shape, disturbance amplitude, etc., but rather that these
aspects are believed to be determined chiefly through the
nonlinear effects due to the blade row characteristic [35].

Work is also needed in the area of overall system modeling
of compression systems, particularly high pressure ratio
multistage compressors. In this context, it is important to note
that some of the transients associated with surge in modern
gas turbine compressors can be on the same time scale as rotor
rotation, or particle flow-through time. Under such con-
ditions the compressor response can be far from a quasi-
steady one. This is true for transients both from unstalled to
negative flow as well as from negative flow to unstalled. Thus
(again) if one wants to do significantly better than present
models, the effort should be in trying to understand the
overall unsteady performance of the blading.

Il Centrifugal Compressor Pumping Systems

We have dwelt in detail on the instabilities in axial com-
pressor pumping systems because they have received a great
deal of study. As a result, although there are still many
problems that remain, there are certain areas in which a
reasonable amount of understanding has been achieved. This
is generally less true for centrifugal compressors. Thus, as will
be seen, the discussion of centrifugal compressor stability
cannot be presented at a comparably detailed level (as that for
axial compressors). There are several reasons for this. One is
that there has been considerably less engineering effort ap-
plied to studies of flow instability in centrifugal compressors,
but perhaps also important is that the flow fields in cen-
trifugal (radial) compressors may be inherently more resistant
to analysis than in axial compressors. Although the distinc-
tion made in this review based on the difference in level of
understanding may seem at first sight to be somewhat ar-
tificial, there is another reason for separating the two types of
machines. This can perhaps be summed up by saying that
although many of the same phenomena do occur with both
types of turbomachines (especially when viewed on an overall
system basis) there seem to be, especially in high pressure ratio
centrifugal compressors, differences in the fluid mechanic
features associated with the onset of instability. We will start
in this section by describing those facets of instability in
systems using centrifugal compressors or pumps that are
similar to those already seen with axial compressors, and then
turn to those areas in which there seem to be differences.

A. General System Characteristics. The basic pumping
system to be considered is again that shown in Fig. 1.
However the type of curve that we would find for a pump or
low pressure ratio centrifugal compressor might be similar to
curve 1 or curve 2 in Fig. 2. For a high pressure ratio cen-
trifugal compressor stage, on the other hand, the constant
speed lines are quite steep, due to compressibility, and they
would look quite different. For example, Fig. 30 presents data
from a high pressure ratio centrifugal compressor stage [71].
Pressure ratio is plotted versus corrected flow, with several
contours of constant efficiency also indicated. It can be seen
that as the speed and pressure ratio increase, the flow margin
from choke (maximum flow) to stall becomes increasingly
narrow. Thus the problem of ensuring adequate stable flow
range can become especially acute at the high pressure ratios
that might be used in aircraft engine applications, for
example. .

A pumping system configuration (using a centrifugal
pump) which very closely resembles the picture in Fig. 1 has,
in fact, been tested by Rothe and Runstadler (the only minor
difference being that their facility was closed loop rather than
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Fig. 30 High pressure ratio single stage centrifugal compressor
performance [71]

open loop) [72]. The mass storage capability of their system
could be varied by changing the amount of liquid in the closed
volume, so that experiments to determine the influence of the
system compliance could be run (similar to those carried out
in [32], [62] for the axial compressor). The pump that was
used was designed with forward leaning blades, in order to
create a pumping curve with a substantial region of positive
slope. The experimental results were complemented by
numerical studies using a nonlinear lumped parameter model
for the transient system behavior.

In genecral the analytical results concerning the system
oscillations appeared to be in reasonable agreement with
experiment, similar to the situation found with axial com-
pressors where this type of modeling does show many of the
important features of the surge cycles [62]. Much of the
physical interpretation given previously (for the axial com-
pressor) can be taken over to these centrifugal pumping
systems. For example, with reference to previous remarks on
the physical significance of the B parameter, it is to be ex-
pected that the amplitude of the limit cycle system oscillation
should increase as the compliant volume is increased, and this
is seen in the data shown in [72]. Thus the overall conclusion
is that the same type of lumped parameter compression
system analysis that has been described with regard to axial
compressor systems is also applicable to transients with
centrifugal pumps. (Note that in this section we are limiting
the systems under consideration to those with single phase
flow, and that situations in which cavitation is important or in
which the pump is operating in a two-phase flow will be
examined in subsequent sections.)

The similarity with the general behavior of axial com-
pressors is not only manifested in pumps, but also has been
seen in the flow instabilities encountered in (low pressure
ratio) centrifugal compression systems. For example, one of
the first discussions of rotating stall and surge was by
Emmons, Pearson, and Grant [3], who tested a centrifugal
compressor with a vaneless diffuser. It was found that the
system exhibited two types of surge—a mild surge and a deep
surge. During the mild surge the compressor went in and out
of rotating stall as the mass flow changed, while during the
deep surge there was no coherent stall cell pattern to be seen.
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Between the two regimes, on a constant speed line, there was a
region in which the compressor characteristic was negatively
sloped and stable (i.e., non-oscillatory on a system basis) flow
was found, although the compressor was in rotating stall. As
the speed increased the two regions tended to merge. (Similar
behavior has also been reported in [73].) This behavior is quite
similar to that found with an axial compressor (for example
see the description on pages 208-211 of [32]) and it again
emphasizes that many of the overall system modelling con-
cepts apply to both centrifugal and axial systems.

- At least at the present level of understanding, therefore, one
would tend to expect that the basic ideas concerning the
overall system behavior would apply to the centrifugal as well
as axial compression systems. When one examines the
specifics of the local phenomena that can ‘‘trigger’’ this
overall instability, however, there do appear to be differences
between the two types of machine. Because of this, it is useful
to discuss the phenomena that are associated with the stall of
the centrifugal compressor stage, since this lies at the root of
the system instability.

B. Stage Stall in a Centrifugal Compressor. Centrifugal
compressor stages consist of an impeller and a diffuser, with
the latter of either vaned or vaneless design. The type of
diffuser used can have a considerable effect on the stable flow
range of the stage. As an illustration of this, Table 1, taken
from [74], divides diffusers into two types according to
whether the principal objective is a high efficiency or a wide
flow range, with the choice of design depending strongly on
the application. Process compressors, which can require very
broad range, may use vaneless diffusers—centrifugal com-
pressor stages in aircraft gas turbine engines, where efficiency
is very important, will tend to have vaned diffusers.

Table 1 Diffuser types (from [74])
High efficiency

Wide range

Dump collector Vaneless plus cascade (1-3 row)

Vaneless diffuser with: Thin vane:
dump collector or single row
scroll or multiple row
scroll plus discharge Contoured vane:

diffuser single row

multiple row
Vane-island with:
curved
straight centerline passages
“Pipe”’” diffuser (UACL patent) with:
circular
non-circular *‘pipe’’ cross section
Rotating-wall vaneless plus vaned
diffuser

As with axial compressors, there are several levels of ap-
proach to finding the most important contributor to stage
stall. The most empirical are based on correlations of impeller
or diffuser flow range as functions of wvarious flow
parameters. One example of this is given in the papers by
Rogers [20], [75], which describe the use of a modified dif-
fusion factor, based on the relative velocity diffusion, to
correlate the onset of impeller stall. For the vaned diffuser
there are also a number of correlations that exist. One of these
is by Kenny [76], who used the criteria that the non-
dimensional static pressure rise coefficient from impeller tip
to diffuser throat = 0.45 as an indication of stage stall,
Another method is given in [77], in which correlations are
developed to predict the flow range as functions- of impeller
exit conditions and diffuser geometries. This paper also
reports tests of stages in which diffusers designed according to
the ideas of the correlation resulted in improved stall margin,

A further method, developed from tests on a vortex nozzle
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swirl facility, is also reported in [78]. A very recent study of
this sort is reported in [79], where the non-dimensional semi-
vaneless space (diffuser inlet to throat) static pressure rise
coefficient has been used. In this last paper, a distinction is

-drawn between the stall points of stages having annular dump

collectors of snail-shell form and those which have the dif-
fuser discharging into a radial to axial bend followed by axial

cascade vanes, since it was found that the pressure rise

coefficient at the surge point could be considerably less with
the latter geometrical configuration than with the former. As
one might expect from seeing the diversity of the correlative
procedures, none of them provides a criterion that applies in
all cases of interest and, in general, designers appear to rely
heavily on data correlations from similar geometries that have
been run previously.

A somewhat different approach has been taken by Dean
[74] and other investigators at Creare. This is based on the
idea that (as discussed in connection with the basic pumping
system and the axial compressor) the slope of the overall total-
to-static stage pressure ratio is an indication of the onset of
instability. Dean breaks up this overall ratio into the product
of separate ratios for inlet, impeller, impeller exit to vaned
diffuser throat and channel diffuser to diffuser exit. The first
of these is a total-to-static and the rest are all static-to-static
pressure ratios. Writing this overall ratio as a product and
logarithmically differentiating, an expression can be obtained
for the normalized slope of the overall stage pressure ratio
PR veran» in terms of the different element pressure ratios:

( 1 )aPRoverall 5> 1 9PR;
PR am = (PR); am

overall i

where the sum over / indicates the different elements of the
stage. This normalized slope may be regarded as a type of
stability parameter, which we can call the stability slope
parameter. An illustration of the behavior of this stability
parameter is plotted in Fig. 31, taken from [74]. The values of
the stability slope parameter (referred to as SP in the original
report) are presented for the individual elements as well as for
the overall stage, plotted as functions of the mass flow rate.
Positive values indicate a tendency toward instability (positive
slopes); negative values indicate stability. It can be seen that,
in this example at least, the channel diffuser appears to be the
element that has the largest destabilizing effect and that as the
flow is reduced the counteracting influence of other elements
decreases so that the overall value moves towards positive.
Another example of the breakup of the stage performance
into the elements is given in [80] in which the performance
curves of each component are presented.

The conclusion from [71], [74], and [80] appears to be that
in medium to high pressure ratio centrifugal compressors, it is
very often the vaned diffuser that sets the stall point, although
this is not true in all cases. For example, Young [81] points
out that a variable geometry diffuser, which could be set close
to choke over a wide flow range, could well be used as the
stabilizing element in some stages. (An illustration of this type
of effect is reported in [82], where the addition of a rotating
vaned diffuser had a stabilizing influence, so that flow range
was increased substantially over the situation with a
stationary vaneless diffuser.) It should also be emphasized
that although some evidence is presented in [74] concerning
the usefulness of the overall total to static pressure ratio as a
guide to the initiation of stage stall, the author of this review
tends to regard its direct quantitative application with the
same amount of caution as in the axial compressor case (see
Figure 11 and the relevant discussion).

The picture that emerges, then, is of a situation where the
stalling element cannot a/ways be regarded as being the
diffuser, but should be found from examination of the
aerodynamics of each component. (An additional comment
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on this point is given in the next section.) In addition the
choice of parameters to correlate the onset of stall is still
under considerable debate, as are the unsteady physical
phenomena that characterize the stage stall process. For an
axial compressor, the sequence of events seems to be that as
one approaches stall the flow becomes more and more un-
steady (‘‘rough’’), although there do not appear to be large
amplitude fluctuations in mass flow or pressure ratio. The
onset of system instability is then associated with the onset of
a rotating stall pattern, as described previously (although the
rotating stall may not have time to grow to a fully developed
state before the overall compression system flow instability
occurs). For a high pressure ratio centrifugal compressor, a
different behavior has been reported [71]. This consists of
large amplitude fluctuations in mass flow which are en-
countered even in the supposedly stable (as measured with
steady-state instrumentation) region of the compressor
speedline. During these oscillations (which are of low
frequency compared to the flow-through time of a fluid
particle) the conditions in the compressor and the diffuser
also fluctuate. The view expressed in [80] is that during one of
these fluctuations the conditions necessary for surge
initiations are exceeded and system instability occurs. In this
connection, it is of interest to note that it is reported in [80]
that the instantaneous value of the impeller exit to throat
static pressure rise coefficient just prior to surge did appear to
be in accord with Kenny’s criteria. The time averaged value at
this condition could, however, be considerably less than this.
This is just a small amount of data, and one cannot generalize
on the universality of this situation, but the main point is that
even if there is some type of criterion based on the in-
stantaneous flow conditions, in order to use it one has to be
able to predict the unsteady behavior of the stage. Means for
doing this do not exist at present.

An illustration of this unsteady behavior of a centrifugal
stage is presented in Fig. 32, from {71}, which shows the
transient pressure measurements in the collector, the diffuser
throat, the semivaneless region, and the vaneless region,
plotted versus time. It can be seen that before the severe flow
breakdown and reverse flow that the authors term surge, there
is oscillatory behavior occurring in the diffuser throat static
pressure. The characteristic frequency of this is on the order
of 10 Hz, which is close to that calculated using a lumped
parameter (Helmholtz resonator) type of system analysis. (In
fact, in the terminology used in this review, these oscillations
in the ““precursor period’’ would be classified as a mild surge.)

Although the frequencies of these precursor oscillations are
generally in some accord with those given by the system
models, attempts to predict the quantitative behavior as far as
oscillation amplitude (using a nonlinear model) have not been
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Fig. 32

very successful. In particular it was found that the measured
slopes are far too large (i.e., too positive) to give the required
limit cycle behavior, if one assumes that the compressor stays
on its steady-state characteristic during these transients. This
tends to imply that the stage departs from quasi-steady
behavior, and in fact such behavior has been observed (but
not well understood) with axial compressors. If this departure
is modeled with a first order lag, then calculations show that
the effect of unsteadiness would be to yield an instantaneous
slope that is less positive than the measured steady-state one.
Although this does proceed in the general direction of
reconciling experiment and theory, the whole question of
unsteady pump or compressor response near stall is an area in
which little is known. (For a discussion on the unsteady
response of a compressor as regards stall inception see [16].)
Thus, a basic limitation to the use of any lumped parameter
analysis in modeling the instability process in high pressure
ratio centrifugal compressors is the proper simulation of the
transient behavior of the pumping elements, and their un-
steady behavior is an area in which further research is needed.

A further point made in [71] is that before the onset of
surge there was no indication of rotating stall. Again this is
different than the situation in axial compressors, although
there is no fundamental bar to the positively sloped
characteristic necessary for system instability occurring
without rotating stall appearing. A recent report of a test of a
small 8:1 pressure ratio centrifugal stage also shows large
unsteady pressure variations in the diffuser throat as the stage
flow approaches surge [83]. In this test, however, the
possibility of rotating stall in the diffuser was not ruled out
and indeed the frequency of oscillations is within the range
one might expect for vaned diffuser rotating stall. A further
pertinent piece of information on this point is provided in
[84]. In this set of experiments, time-wise analysis of the
unsteady pressure measurements at the leading edge of
centrifugal impeller blades showed no discernable rotating
stall before the surge point. However, the frequency-analyzed
results did exhibit an emerging peak at a frequency that is not
inconsistent with the occurrence of rotating stall. At present,
therefore, we can say only that stage stall in a moderate to
high pressure ratio centrifugal compressor with vaned dif-
fuser is very often but not always set by the diffuser at speeds
near design, that there can be substantial fluctuations in mass
flow rate and pressure before the onset of surge (reverse
flow), and that the presence of rotating stall in the diffuser
may not be necessary for the initiation of overall system
instability.

It may appear that this reviewer has not been able to
discourse with as much confidence on the causes of, and
mechanisms associated with, the onset of instability in cen-
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trifugal compressor pumping systems as he has in the case of
axial machines. This is the impression that is meant to be
created since many of the issues under discussion are still not
well understood. (As a means of giving some perspective to

the situation, one can refer to the March 1977 issue of the.

JOURNAL OF FLUIDS ENGINEERING, which includes
several papers from the ASME Symposium on Centrifugal

Compressor and Pump Stability, Stall, and Surge, as well as .

to [78] on vaned diffuser stability. As can be seen from the
extended discussion on many of the papers (as an example,
- the “‘Discussion’’ and ‘‘Author’s Closure’’ to [78] are roughly
twice as long as the paper itself!) there is, at present, no
unanimity of opinion on many of the relevant issues.)

C. Stability Enhancement in Centrifugal Com-
pressors. There are many applications of centrifugal com-
pressors in which considerable flow range is required. Thus,
one topic of interest has been approaches to extending the
stable flow range of the compression system, even at some
small cost in efficiency. As with the axial compressor, there
are several techniques that have been developed. One of these
is to use inlet guide vanes to impart a ‘‘prewhirl”’ to the in-
ducer, shifting the pumping characteristics on the map and
altering the flow rate at which one encounters instability. The
effects of using this technique are well documented in the
literature, and a discussion of this method, with references,
can be found in [74]. Other well known means for increasing
stability are the use of backward impeller leaning blades to
create a negatively sloped pumping curve, and/or the use of
vaneless diffusers (as mentioned above) rather than vaned.

Apart from these well known methods, however, there are
other approaches that have been less discussed, and to which
we will give more attention. In particular we will examine
three other methods. The first to be discussed will be the use
of closely coupled system resistances to extend the stable
operating range, since this is an example of some of the
principles that we have developed in connection with the axial
compressor, and which hold true for turbomachines in
general. Second we will look at the use of casing treatment,
since this is a relatively unexplored area, and last the use of
thick bladed impellers for flow range increase.

The requirements for centrifugal compressor operating
range can vary widely according to usage. In particular, in
process operations there is often a necessity for wide (stable)
flow range even if this range has to be achieved at a slight cost
in efficiency. One approach to this problem is presented in
[85]. The basic idea can be illustrated with respect to Fig. 33.
This is simply that if operation on the positively sloped
characteristic leads to instability, we can change the
characteristic slope by closely coupling another element to the
stage to make the combined slope negative. Thus in Fig. 33
curve C is the pumping characteristic and curves A and B are
two examples of resistance curves (exit pressure dropping as
flow is increased). If operation at a low flow rate suchas 4’ is
needed, then we can closely couple resistance A to the pump;
if further reduction to point B’ is needed, then we can use
resistance B. The combined curves in the two cases are shown
as having basically zero slope at the desired operating points;
negative slopes could be obtained with larger resistances.

In [85], this idea was subjected to experimental scrutiny,
using a compressor that had exhibited large amplitude surge
cycles (including severe reverse flow) as a result of system
instabilities. In the experiments the closely coupled down-
stream throttling was achieved by means of overlapping plates
with slots cut in them so that the open area, i.e., the down-
stream resistance curve, could be varied. The results of doing
this are shown in Fig. 34, which gives the measured com-
pressor characteristics for one configuration tested. The data
shown are from the baseline (no downstream resistance) run
and from several other runs with varying resistance. Several
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surge control valve [85]

trends can be seen. First, the possibility of extending the flow
range is definitely exhibited. Second, the trend towards in-
stability as the slope becomes positive is again notable. In
particular the region of steep positively sloped curve was not
stabilized with the more open configurations, although the
instability was much less severe than with no resistance.
However, even this instability was suppressed with the more
closed (higher resistance) configurations. Third, the down-
stream resistance did not completely inhibit the onset of
rotating stall. However, here the stall was associated with a
gradual decrease in performance so that the overall ‘‘stage’’
curve was still rising and the system behavior was stable.
Further details of the geometry and considerations aimed at
multistage centrifugal compressor usage are given in the cited
reference.

Another example illustrating the idea of using a closely
coupled resistance to stabilize a pumping system is reported in
[86], which describes large pressure pulsations encountered in
a boiler feedwater system. The pulsations, which caused
“‘heavy pipework vibration,”” occurred when the (multistage
centrifugal) feed pumps were operated at flows much lower
than design. A solution was the insertion of an orifice (i.e., a
flow restriction) in the pump delivery line close to the pump.
This reduced the amplitude of the pulsations significantly and
stopped the vibration over the whole boiler flow range.

The second approach we discuss is the use of casing
treatment. There have been several reports of its use with
centrifugal compressors. Amman, Nordenson and Skellenger
[73] tested a centrifugal compressor whose range was limited
by stalling in the vaned diffuser. They put a circumferential
groove in the shroud at the impeller tip, with a chamber
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behind it, and found an improvement in range. Another study
has recently been reported by Jansen, Carter, and Swarden
[84]. The view expressed there is that if the stall line is con-
trolled by the inducer (impeller) at low speed and by the vaned
diffuser at high speed, one can improve performance over a
considerable speed range by the use of treatment on both the
impeller and the diffuser. Thus, an essentially axial, skewed
groove treatment was put over the tip of the impeller at inlet.
In addition tests were also run with the impeller hub wall
extended under the inlet of the vaned diffuser so that a treated
(grooved) wall moved under the diffuser inlet. The locations
of the casing treatment are indicated in Figure 35, and a
sketch of the casing treatment used in the impeller is given in
Figure 36. The treatment used under the diffuser inlet was a
radial skewed groove.

Tests were carried out with two impeller/vaneless diffuser
combinations (in which case it was the impeller that set the
stall) as well as with the impeller and vaned diffuser complete
stage. It was found that a significant improvement in stall
range was obtained with the grooves at the impeller inlet for
speeds from 0.70 to 1.05 of design speed, with some small loss
in efficiency. This is shown in Fig. 37. In addition the ‘‘hub
treatment’’ under the vaned diffuser gave an improvement in
stall flow margin, as well as an increase in choke flow. (This
latter is perhaps not surprising in view of the comments made
previously regarding the effect of the grooved treatment on
decreasing the blockage.)

Finally there is another means of extending the flow range
that should also be mentioned. This is the use of an impeller in
which the impeller blades are thickened. This has been used in
centrifugal compressors which have application as tur-
bochargers. The procedure followed was to thicken the radial
portion of the impeller blades, the tip width being increased so
as to have the same exit area as with the original (thin) blades.
A substantial increase in stable operating range resulted. A
description of the actual modifications, as well as pictures of
the wheels, is given in [87], which also presents supporting
arguments against the idea that this range increase is due
solely to backward lean.

D. Suggested Research Needs. It should be evident from
the previous two sections that the problem of developing
accurate and general methods for prediction of centrifugal
compressor stability boundaries is far from solved, as well as
that the relevant phenomena do appear to be less well un-
derstood than with axial compressors. Even for low-speed
centrifugal compressors or pumps, the basic stability (rotating
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stall onset) calculations, analogous to those carried out for the
axial compressor, are not available. With high pressure ratio
centrifugal stages the unsteady fluid dynamic processes that
result (eventually) in system instability have not been
resolved.

At the most empirical level, a large number of correlative
procedures exist which use a variety of different parameters as
an indication of the stability limit of the machine. Studies are
needed to determine which of these are the most useful as a
means of defining the stall point in terms of the steady-state
flow quantities that the designer has at his disposal, as well as
the limits of applicability of the present procedures.

At a more basic level, there are also important questions to
be answered. It would seem to be most appropriate to focus
attention on the so-called stage stall process, since it is the
breakdown of the pressure rise in the stage that is viewed
herein as being the (local) event that ‘‘triggers’’ the overall
system instability. The causal relationships in this process are
also not clear. For example, even if the channel diffuser is a
destabilizing ‘‘element,”’ is this merely an ¢ffect of increased
blockage in the throat caused by the flow in the diffuser inlet
section? There is also conflicting data concerning the part
played by rotating stall in the flow breakdown of the stage. If
this breakdown is not necessarily associated with the onset of
rotating stall, then one may be able to regard the process in
terms of the individual diffusers, whereas if a rotating stall is
inherent in this phenomenon then one must include the strong
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flow field coupling that exists between the different passages.
The influence of the observed mass flow fluctuations on stall
initiation including the connection between the steady-state
(time mean) and the instantaneous flow conditions imposed
upon the various elements of the stage, as well as the possible
effects of the coupling between the diffuser and impeller (as
reported for example in [82]) is also not resolved. In general,
in fact, one might say that the question of ‘‘what stalls?’’ in
the sense of what does one fix first to increase stall range (and
how does one do this) cannot be answered with adequate
precision in many cases, since much of the data can be in-
terpreted as giving only the manifestations of stall rather than
allowing one to formulate the cause and effect relationships
that are needed to unravel the relevant physical mechanisms.

As with the axial compressor, therefore, it appears to be the
unsteady behavior of the turbomachinery in a condition of
high aerodynamic loading which is the least understood facet
of the overall system response, and which thus appears to be
the key area for further research. It seems clear that much of
the investigations that are called for will be experimental,
involving time-resolved measurements of the type presented in
[71] for example. However, it may be that there is also scope
here for use of numerical calculations of some of these un-
steady, viscous and three-dimensional flows.

A further area of basic fluid dynamic interest, and one in
which it appears that progress can be made, is that of casing
treatment. The treatments used have demonstrated significant
range increases, but at some penalty in efficiency, and the
problem is to find casing treatments that provide good stall
margin, yet are efficient, and preferably easily manufactured.
The geometries that have been used were taken from tests
done with axial compressors, and it is natural to ask whether
their geometric configuration, as well as their placement
within the stage, can be tailored to better fit their present
environment.

E. Instability in Radial Vaneless Diffusers. It was not a
very large stretch to extend our ideas on the onset of rotating
stall from the axial flow compressor (or cascade) to the vaned
radial diffuser. Indeed some of the basic work on rotating
stall was done on a cascade of radial outflow blades. (This is
still one of the most impressive sources of flow visualization
of rotating stall [88].) It may be more surprising, however,
that vaneless diffusers also exhibit a type of propagating
disturbance. This has also come to be called ‘‘rotating stall’’
although there does not appear to be as direct a connection
with stall as there is in the case of the bladed cascades.

To see the context in which these oscillations arise let us
examine a performance curve for a (low speed) centrifugal
compressor/vaneless diffuser combination as shown in Fig.
38 [89]. The parameter ¥, is the overall pressure rise (com-
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pressor inlet total to diffuser exit static) divided by pU?ip/2,
and ¢, is a nondimensional flow coefficient based on a mean
radial velocity at diffuser inlet divided by U,;,. Pressure rise
characteristics are shown for the impeller alone as well as the
impeller plus diffuser, for parallel walled vaneless diffusers of
two ratios of outlet to inlet diameter (1.55 and 1.83). The
diffusers tested had a ratio of axial width to inlet diameter
(W/D;) of 0.054. Indicated on the figure are the points at
which the axisymmetric flow would cease and “‘rotating stall”
was seen. It can be seen that the onset of oscillation is well on
the negatively sloped portion of the impeller pressure rise
curve (and the overall stage pressure rise curve, as well). No
oscillations were found in this regime when the impeller alone
was operated, and it is the vaneless diffuser that is responsible
for their presence.

This phenomenon was first described by Jansen [90]. He
tested parallel walled vaneless diffusers, creating the swirl at
the diffuser inlet by means of a rotating screen. He found that
a pattern with a small number of lobes (two was a usual
number) would propagate at a speed less than ten percent of
the inlet tangential velocity. An approximate analysis was also
developed to explain the breakdown of the steady axisym-
metric flow.

Since then there have been several other investigations of
this topic. Experiments have shown that there can be (at least)
two different types of oscillatory behavior, one occuring at a
speed of roughly one-fourth to one-thrid of the impeller
velocity and one which occurs at less than ten percent [89]. It
should be noted that these oscillations are local, in the sense
that they merely redistribute the flow round the diffuser and
that the overall mass flow is not affected. Thus they are not
truly system phenomena, since the system behavior is stable
[91], and we will not discuss them at length.

Aside from the experimental investigations there have also
been analytical studies of the phenomenon, proceeding along
two avenues. Senoo and his co-workers have attempted to
explain the onset of vaneless diffuser rotating stall by using an
axisymmetric boundary layer analysis [92], [93], [94]. They
base their criterion on the extent of the (calculated) reverse
flow that exists on the diffuser walls. The other approach to
predicting the onset of non-axisymmetric flow is to analyze
the stability of the steady axisymmetric flow pattern. This is
carried out in [95] and [96]. It is to be noted that the analysis
must be carried out incorporating a description of the flow in
the impeller as well, since this sets the diffuser inlet boundary
conditions. Thus some assumptions have been made in
carrying out the calculations, which do show several of the
features of the observed oscillations. In particular the dif-
ference between the ‘high” and ‘““low’ speed types of
propagation is well brought out [95]. (It may be remarked that
this type of description treats the flow in the diffuser as in-
viscid, with no mechanism analogous to the compressor
cascade total pressure loss to generate a stall. To call the
oscillations ‘‘rotating stall’”” may therefore be somewhat of a
misnomer.)

An additional piece of information is furnished in [97]. In
this study, the use of a flow resistance at the diffuser exit was
able to suppress the onset of diffuser rotating stall. It was also
found in these tests that rotating stall onset occurred when the
regions of back flow on the diffuser walls were larger in
(radial) extent than without the resistance. The first result
tends to indicate that analyses of stall inception must include
effects of exit conditions (exit impedances), as might be done
in a stability analysis, rather than just local details of
boundary layer behavior. However, the occurrence of regions
of reverse flow does seem to be a precursor to the rotating
stall—whether the relationship is a casual one is difficult to
say at present.

It would appear then that neither of the present approaches
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is totally satisfactory, although a (nonaxisymmetric) stability
analysis would seem to be the most fundamental type of
approach for predicting these instabilities. It is also not
evident that a purely two-dimensional inviscid treatment will
suffice for quantitative predictions. Thus further work on this
topic should be directed at assessing how critical are the
assumptions that have been as far as impeller performance on
the overall conclusions, and how sensitive are the results to
non-two-dimensional and viscous effects.

IV Qscillations in Systems with Cavitating Tur-
bopumps

The instabilities occurring in the pumping systems discussed
above have been almost entirely associated with stall.
However there are other classes of instabilities in pumping
systems in which stall is not the primary cause, and these can
occur even when the turbomachine is operating at its design
flow rate. Such a type of instability occurs in systems with
cavitating turbopumps. This type of behavior has been
reported by many investigators, and has been associated, for
example, with severe oscillations in the flow systems of liquid
fuel rocket engines (the POGO Instability) [98], [99], [100].

An idealized system for this type of instability can be
described with reference to Fig. 39. Here we have a tank of
liquid at one pressure being pumped to another tank at a
different pressure, with a throttle to regulate the flow. There
is now not necessarily any compliant volume external to the
pump, as in the case of a single phase fluid. However, we now
have the possibility of cavitation which can cause an internal
compliance (capacitance), as is indicated schematically. This
will be seen to be an important feature of the system
dynamics.

The instabilities associated with cavitating turbopumps
appear to fall into two general categories. One mode is
associated with the local flow in the inducer and the inlet flow
field. This is known as rotating cavitation, and it manifests
itself as an unsteady cavitation pattern at the inducer inlet that
rotates with respect to the inducer blades. This has been
described by Kamijyo [101]. Although not being dependent on
stall per se for its occurrence, this rotating cavitation is
somewhat similar to rotating stall in at least one respect,
which is that it does not appear to involve fluctuations in the
overall (annulus averaged) mass flow rate through the pump.

The other type of instability encountered with cavitating
pumps (or inducers), is associated with overall mass flow
oscillations through the entire hydraulic system and is known
as auto-oscillation or surge. It can result in severe fluctuations
in inlet and discharge pressures and mass flows [102], [103],
[104], [105]. It is this type of system instability which is the
more important and which we will focus on in this section. As
background to the discussion of the dynamic performance of
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pumps with cavitation, however, we will first examine the
steady-state performance of these devices.

A. General Performance Features of Cavitating
Pumps. Since auto-oscillations have often occurred in the
flow systems of liquid-fueled rockets, let us consider
specifically the performance of a typical rocket pump im-
peller, with a three- or four-bladed helical inducer. (Details of
configurations of this sort are presented, for example, in
references [106] and [107].) In the single-phase systems we
have studied up until now, the pressure rise capability of the
pump or compressor, running at a constant rotor speed, was
viewed as essentially a function of a single parameter, the
nondimensional mass flow. However, if we examine
situations in which there is the possibility of cavitation, we
will need an additional parameter to indicate the influence of
cavitation on steady-state performance. A suitable non-
dimensional parameter which is often used is the cavitation
number, defined by

Pl_Pv
o=
1
~2—pU,2

where P, = pump inlet pressure, P, = vapor pressure of the
liquid, p = liquid density, and U, = the rotor tip speed. This
parameter indicates, for a given geometry, the extent of the
cavitation which will occur, a decrease in cavitation number
being associated with an increase in cavitation extent.

The performance of the pump can therefore be expressed as

Yp=1(:,0)

where y» is a pressure rise coefficient (Yp = P, — P,/ Y%pU,2,
where P, is the pump discharge pressure), ¢, is a flow
coefficient or nondimensional mass flow (¢, = C,/U, where
C, is based on the volumetric flow rate and the inlet area).
Under noncavitating conditions the performance can be
described by only one variable, ¢, as shown in Fig. 40, which
gives the pressure rise versus flow characteristic (at constant
speed) of an impeller for a situation in which the cavitation
number is high enough so that there was negligible cavitation
[108].

As cavitation becomes important, the pressure rise becomes
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a function of cavitation number as well. Representative
performance curves for the type of pump described are given
in Fig. 41 for a range of cavitation numbers [108]. In this
figure the horizontal axis is cavitation number and the vertical
axis is the pressure rise coefficient, yp, with the different
curves corresponding to different non-dimensional mass
flows. The design value of ¢, is 0.07. Also indicated on the
figure by the stars are the points at which the instability
known as auto-oscillation was encountered with wuis system.

It can be seen clearly that this instability occurred even at
design and higher flows, well within the negatively sloped part
of the performance curve. This is in direct contrast to the
behavior we observed in the single phase systems, and it is
evident that stall is not involved in this instance. It is ap-
parent, however, that the cavitation is in some way connected
with the onset of instability. Thus any attempt to analyze the
instability observed in this system must deal with the problem
of devising a model for the unsteady performance of
cavitating turbopumps, which is a central feature of the
overall problem.

Initial attempts to model pump transients occurring at very
low frequencies assumed simply that the pump traversed the
steady-state performance curves. However, it was soon
recognized that this was too simple an assumption to
adequately describe the dynamic performance for the range of
frequencies that are associated with auto-oscillations. Thus
attempts were also made to account for unsteady effects by
including the effects of the inertance and the internal com-
pliance (mass storage), using models which lead to expressions
for the quantities which are linearly proportional to the
frequency. With these modifications one can in fact show
some of the features of the instabilities, although a further
degree of sophistication is required for accurate quantitative
descriptions as will be discussed subsequently.

B. Qualitative Considerations of System Stability. To see
in a qualitative manner the mechanism associated with the
instability, we can consider the idealized system shown in Fig.
39. (A derivation of the quantitative stability criteria for this
system is given in the Appendix.) The essential components
are the inlet line (from 0O to 1) which has inertance only, the
pump, and a downstream throttle, as shown, which is just a
resistance. We adopt a simple model of transient pump
performance in which we take the pump pressure rise and the
difference between inlet and exit mass flow to be functions of
the inlet mass flow and the absolute inlet pressure based on
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the quasi-steady pump performance curves.'* Note that the
model adopted does not imply that the pump -inlet and exit
mass flows are the same, since as the inlet conditions change,
the volume of vapor associated with the cavitation in the
pump will also change. If the vapor and the liquid are
assumed to be incompressible, it follows from continuity that
the difference in mass flow between inlet and exit will be

. proportional to the rate of change of the volume of vapor in

the pump. For small amplitude transients about a mean
operating point, we therefore can write the linearized
equations for the perturbations in pressure rise and mass flow
as [104]:

AP 9APL .
SAP, =8P, — 8P, =( aPP>(3P1+<a—n.1P)6mly
1

TVC) dsP, N (ﬁc> dénin,
oP,/ dt am /)~ dr

6"}12*6’7’11:[) (

where we have adopted cimensional variables here so as to
introduce a minimum of new notation. In these relations AP»
is the pump pressure rise, ri is the mass flow, V. is the volume
occupied by the cavitation, the subscripts 1 and 2 denote
pump inlet and outlet (as indicated in Fig. 39), ( ) denotes a
mean flow condition, and & denotes a perturbation. In writing
the second relation, the continuity equation has been invoked,
as described just previously.

Using this representation of the transient pump behavior,
one can readily carry out a calculation to determine the
stability of the system shown in Fig. 39. It is found that for
pumps operating near the design value of ¢ (mass flow), the
system will become unstable when (dV,./dm), which is
referred to here as the mass flow gain factor [109], [110],
becomes sufficiently negative (the explicit criterion is shown
in the Appendix).

Although the physical arguments leading to this are less
apparent than those for the simple pumping system treated in
the introduction, a qualitative explanation for this trend can
be given as follows. Consider the pump in the system shown in
Fig. 39 undergoing oscillatory flow perturbations of small
amplitude. Let us examine the behavior of the system as the
absolute inlet pressure is reduced, while the mean mass flow
and the speed are kept constant. Specifically we again adopt
the approach that was used in the Introduction and examine
the changes, due to the flow perturbations, in the flux of
mechanical energy out of a control volume that encloses the
pump. The net difference in this energy flux from that which
occurs in a steady flow is given by the integral of the quantity
{6P, » 8rit, — 8P, o &1, } over a cycle, where 81y and 1,
are now not necessarily the same. In the system under study
the mass flow and pressure perturbations at the pump inlet
differ in phase by «/2, since the pressure perturbations at
station 1 are due only to the inertance of the inlet line. Thus if
we consider the system over a full cycle, their product is zero
and we need only look at the first term.

In the non-cavitating regime (high cavitation number) this
term is negative and the situation is similar to that shown on
the right hand side of Fig. 6. However, as the pressure is
decreased and cavitation becomes more extensive, the inlet
and exit mass flows can become different. Conditions
favorable for instability will occur as the exit pressure and
mass flow fluctuations become closer in phase so that their
product (integrated over a cycle) becomes larger.

Within the context of the simple model described above,

14we could also include the possibility of pressure change across the pump
due to inertance within the pump. However, as shown in the derivation given in
the Appendix, this does not change the qualitative features of the phenomenon,
Since we wish to keep this introductory discussion on as basic a level as
possible, it is omitted here.
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changes in exit pressure are due to two effects, one associated
with the change in pump pressure rise as inlet mass flow is
changed and one due to the changes in the inlet pressure.
However, within the context of the simple model described
here, the flux of energy associated with the first part is
negative, i.e., this effect is stabilizing. It is thus the pressure
changes due to changes in inlet pressure that are associated
with the destabilizing mechanism. Let us therefore focus only
on the change in exit pressure due to a change in inlet
pressure. For conditions above the so-called head breakdown
(the point where the steady-state curve of pressure rise versus
cavitation number becomes steeply positively sloped), which
is in the region of interest for auto-oscillation, variations in
the inlet pressure will be fairly closely reflected in variations in
the exit pressure since (JAP,/0P;) is small. Thus if the exit
mass flow fluctuations start to lag those of the inlet, due to an
increase in the magnitude of the mass flow gain factor as the
inlet pressure level drops, they will be more and more in phase
with the exit pressure fluctuations.

This situation is shown schematically in Fig, 42, where the
pump inlet and exit mass flow and pressure perturbations
(ém,, dm,, 6Py, 6P,) and the product 6P, « éri, have been
plotted versus time. It should be stressed that the figure
represents only that part of the pressure perturbation due to
variations in inlet pressure, and effects of the quasi-steady
pump pressure rise and of pump inertance are not included.
The figure at the left shows the situation at high cavitation
number where the mass flow gain factor is negligible. There is
no net flux of energy over a cycle. In contrast, the figure at the
right shows the situation at low cavitation number (but above
head fall-off) where there is an appreciable mass flow gain
factor. It is seen that the exit mass flow now lags the inlet
mass flow and the product of 8P, « ér1, over a cycle is
positive, The situation that is needed for instability is thus a
large enough lag between inlet and exit mass flows so that the
outflux of mechanical energy due to this effect is great enough
to offset the net decrease in mechanical energy due to the
pump operating in the negatively sloped region of its
characteristic as well as the dissipation occurring in the
throttle. (It should be noted that the figure pertains to the net
flux of mechanical energy associated with the pump only and
not with the overall system.)  From these arguments it
therefore appears that the role of the mass flow gain factor
which sets this lag, is a key one in determining the instability
of the system.

One further result can also be extracted from the stability
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analysis based on this simple model. This is the determination
of the natural frequency of the system. It is found that for a
given cavitation number the square of the natural frequency is
proportional to 1/{aV,/dP;] (the actual expression is given in
the Appendix). If we write this in terms of cavitation number
and pump rotor speed, we find that the square of the
frequency scales as w* o [U2/(dV,/30)]; in other words, for a
given system at a given mean value of ¢, and cavitation
number, the natural frequency for small oscillations scales
linearly with speed. This is in direct contrast to the behavior in
the single phase system studied previously, where the natural
frequency of small amplitude oscillations was independent of
rotor speed, being set only by the physical system parameters.
The reason for this is that the pressure ‘‘compliance’” of the
system (V. /dP,), which plays a role analogous to the spring
constant, decreases as the blade speed increases, since a fixed
increment in inlet absolute pressure changes the cavitation
number less and less as the speed increases.

The simple model has been used to demonstrate the idea of
mass flow gain factor and the strong effect it can have on
stability. However it should be again emphasized that this
shows only one type of destabilizing mechanism and that
there are other effects not accounted for by this treatment. In
particular we can anticipate the experimental results on
transient pump performance to be described subsequently,
and note that the data shows that the mass flow gain factor
has an imaginary part as well. If this occurs, then the ex-
pression for éri1, would have a term that was 180 degrees out
of phase with 6r2,. Hence the net flux of mechanical energy
out of the pump which is associated with the pressure
rise/mass flow characteristic of the pump could be positive,
or at least less negative (even though the quantity (65,, /0 m)
is negative), and may also contribute to the destabilization of
the system.

C. Dynamic Performance of Cavitating Pumps. Using the
simple idealized system as a model we have been able to
discuss qualitatively some of the relevant features of the basic
fluid mechanics of the instabilities that occur in cavitating
turbopumps. However, for more quantitative prediction of
these oscillations one must use a more precise description of
the pump dynamic performance. A useful approach to
developing such a description has been taken by Brennen and
Acosta and their co-workers [109], [110], [111], [112]. This
approach makes use of the idea of a transfer matrix
representation of the pump performance to relate the
quantities at the inlet and exit of the pump. Although the
approach assumes that the system transients are small enough
in amplitude so that a linearized description of the motion can
be adopted, it has proved of value in clarifying the nature of
dynamic performance of cavitating pumps.

The concept of transfer matrix has been used for some time
in the analysis of linear electrical and mechanical four-pole
networks [113], [114]. Although this technique provides no
new information compared to writing down the dynamic
equations which describe the system behavior, it does provide
a compact and convenient manner in which to approach
dealing with complicated networks. To understand this ap-
proach, let us consider a system undergoing small amplitude
oscillations at a given frequency. Let us also assume, as is
often the case, that for the transients of interest the relevant
nondimensional perturbations in mass flow and pressure are
much larger than the rotor speed changes. We can represent
the perturbations in flow variables by the real parts of
quantities of the form 6P = P e’ where w is the frequency
and P is possibly complex. ‘

The relation between inlet and outlet pressure and mass
flow perturbations 6P; and dr7,, 6P, and 6ri,, can be ex-
pressed as

JUNE 1981, Vol. 103/ 219

Downloaded 02 Jun 2010 to 171.66.16.86. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



-2

1 1 1 t — I
O 01 0.2 03 04 05 300 O

0.05 T T T T 0.5 T T T T

VALUES OF THE ZP ELEMENTS

005}

0.10 1

0 Ol
NON~— DIMENSIONALL FREQUENCY

Fig. 43 Curve fits to experimental transfer matrix for pump impeller

showing effect of cavitation; ¢ = 0.07, ¢ = 0.51(A), 0.11(B), 0.046(C),

0.040(D) and 0.023(E). The solid lines indicate the real part and the

dashed lines the imaginary part. The quasi-static resistance is in-

dicated by the arrow [108], [111].
5P, M, My, [ 6P,
where the M; are the transfer matrix elements.
Such a representation can be carried out for each element of
a pumping system. As an example, if we were to examine

quasi-steady transients in a regime where cavitation was not
important, we could represent the pump performance as

1 1 1 —1.0 1 1 | i
02 03 04 05 0 01 02 03 04 05

dAP .
6P2=6P1+< dm”)aml

(where [dAP, /dr] is evaluated at the mean flow conditions)
to first order in the perturbation amplitudes. The transfer
matrix corresponding to this situation would therefore have
M, = 1,M,;, = (dAPp/dm), M, = 0, M,, = 1. Note that
even for this simple situation, the elements in the transfer
matrix depend on the mean operating point of the system, and
that, in general there will also be a dependence on the
frequency of oscillation.

The forms of these transfer matrices have been examined
theoretically and experimentally for a cavitating pump (a
rocket pump impeller) in references [106], [109 - 112]. The
results are typified by Fig. 43 which shows polynomial curve
fits'> to the measured pump transfer matrix for a particular
impeller [108], [111] (the one whose performance is shown in
Figs. 40 and 41). The four sets of curves are for the four
elements of the transfer matrix. Within each set, the curves
are plotted as functions of nondimensional frequency. The
different lettered curves correspond to different cavitation
numbers, as given in the figure caption, and the solid and
dashed lines indicate the real and imaginary. parts of the
elements. All data are taken at a mean value of ¢, = 0.07,

By powers of the nondimensional frequency
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corresponding to the pump design flow. In examining this
figure, it should be noted that the definition of the matrix
elements is different than that given previously, since the
pressure and mass flow differences across the pump, not the
absolute output pressure and mass flow, have been taken as
the output variables, and the variables have all been non-
dimensionalized. In addition it should be remembered that
these are fits to the original dynamic data and hence subject to
experimental uncertainty. The magnitude of the ‘‘error bars’’
can be seen in [110]; these have not been plotted on Fig. 43 for
reasons of clarity.

The important point is that there are large differences in the
forms of the curves as the cavitation number is reduced (curve
A corresponds to a condition of negligible cavitation, while
curve E corresponds to extensive cavitation, with the other
curves being representative of conditions between these
limits). In particular the element ZP,;, which represents the
mass flow gain factor becomes increasingly -nonzero as the
cavitation number decreases. (It can also be seen that it can
have an imaginary component, which was not accounted for
in the simple model described above and presented in the
Appendix.)

D. Transfer Matrix Approach to System Stability. In
describing the transfer matrix approach to the stability of
systems with cavitating turbopumps, it is useful to briefly
discuss some further aspects of its general application to
linear systems. In the application of transfer matrices to
analysis of linear electrical or mechanical systems, it is
common to classify the systems as active or passive, depend-
ing on the value of the determinant of the system transfer
matrix. Passive systems have transfer matrices with deter-
minant unity (by definition), active systems do not. This
concept, however, is not as useful when applied to pumping
systems since it does not give an adequate indication of
situations in which there are elements in the system which can
feed energy into system oscillations, i.e., of situations in
which an instability will occur. A primary reason for this is
that it is possible to have an unstable pumping system even
with an overall transfer matrix having a unity determinant,
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since one can have an element with negative damping, such as
a stalled compressor. '¢

A more useful way to classify whether a system will actually
be dynamically active, i.e., capable of supplying energy to
small oscillations, is to examine the net energy flux through
the various elements and the overall system. This is similar to
the approach that we have used in a qualitative manner to
introduce the mechanism of instability for the basic pumping
system (compressor), as well as in this section for the
cavitating turbopump, and which we will refer to again in
connection with pressure drop instabilities in two phase flow.
It focuses on the net flux of mechanical energy out of the
various elements. Brennen and Braisted {115] have used this
approach to define several levels of activity for elements in a
pumping system, and have described the response of a par-
ticular element in terms of a dynamic activity parameter,
which is a measure of this net flux of mechanical energy. This
can be found for the pump by using the experimentally
measured transfer matrices, and [108] and [115]) present
curves of the dynamic activity as a function of frequency for

different cavitation numbers. Figure 44a presents a crossplot’

of a typical result where we have presented a graph of the
activity parameter as a function of cavitation number. The
vertical scale in this figure indicates the nondimensional value
of the net flux of kinetic energy. All the bars are for a pump
mass flow corresponding to ¢, = 0.07, the design point, and
are for the same impeller that data were shown for in Figs. 41-
43.'7 The convention used is that a positive value indicates a
dynamically active element, i.e., one that is feeding energy
into the oscillations. It should be noted that the activity
parameter is strongly dependent on frequency as well as
cavitation number and mass flow, and that the quantity
shown in the figure is the maximum occurring at a particular
cavitation number. This would be the frequency that
characterizes the largest outflux of mechanical energy.

A positive value of the dynamic activity of the pump is a
necessary, but not sufficient, condition for system instability,
since there can be dissipation occurring in the rest of the
system to offset the pump behavior. Thus, to find the overall
stability of the system, one must couple the dynamic pump
behavior to the rest of the system dynamics, and this can
readily be done using the transfer matrix techniques. This was
carried out in [116] (see also [108]) where the system that was
analyzed is shown in Fig. 45. In this figure, 7 denotes a
nondimensional inertance, C a nondimensional compliance,
and Q the nondimensional frequency. The system is a closed
one, but by breaking it at an arbitrary control point and
tracing through the various elements, one can evaluate the net

16-The dimensional transfer matrix representation of the basic pumping
system shown in Figure 1 (inertance, pump, compliance, and throttle) is given

by
dAP dAP;
IVSPexit L - dm 0 I+ dm
8t iy - 0 1 —iw py};, 1 0

In this, 8P and érit are the perturbations in pressure and mass flow, w is the
oscillation frequency, dAP/drit and dAP,/dm are the slopes of the throttle
and pump characteristic curves, ¥, is the compliant volume, L is the effective
pump duct length, and A is the through-flow area. The overall transfer matrix
is the product of the three above matrices. As can be seen, since the three in-
dividual matrices have determinants of unity, the overall matrix will also—
whether the pumping system is stable or unstable.

l7Again, although both 44g and 44b show calculated quantities, these are
based on the experimentally determined pump transfer matrices, and hence
have an uncertainty associated with them. This is given in [110].
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mechanical energy output over a cycle.!® (In fact, the system
studied had a very large compliance supplied by an air bag, so
that it could be regarded as an open system to a good ap-
proximation). Figure 44(b) shows the results of this overall
energy analysis, and is again a crossplot of information
presented in [116]. It shows the net flux of mechanical energy
through the control point as a function of cavitation number.
As before, the convention used here is that a positive number
indicates a trend toward instability (this is opposite to the
convention adopted in [116]), whereas negative values in-
dicate stability. The bars are for the same conditions as
described in connection with Fig. 44(a), with the vertical axis
now being the overall system nondimensional energy flux.
Note that it is the value of this quantity, rather than that
shown in Fig. 44(a), that is directly tied to whether the system
is unstable or not, and it is again pointed out that the bars
indicate the maximum value (as a function of frequency) for
the particular cavitation numbers shown,

It can be seen that the cavitation number plays an im-
portant role in determining whether a given operating point
will be stable. In addition, the calculations in [108] point to
the mass flow gain factor as being the element that most
affects the stability of the system, as was suggested by the
qualitative arguments presented earlier.

Discussion of the comparison of the stability calculations
with the experimentally measured features of the auto-

L1 sm |

1 SMigier

oscillation is given in [116]. The frequency of the oscillation
and especially its dependence on various parameters were
predicted reasonably well. The frequency was found to scale
with pump speed for fixed value of ¢, and o, as is also

18Altemativ.‘:ly, one could use the fact that if one traces completely around
the closed loop from a given point, the “‘input’” and “output’’ quantities of the
overall loop transfer matrix are (identically) the same. Application of this
condition leads to an eigenvalue problem for the determination of the growth
rates of the system perturbations {105].
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suggested by the simple model developed in the Appendix.
The predictions also were in reasonable agreement with the
experimental results as far as the range over which the
oscillations are encountered. Measurements of the phase and
amplitude of the mass flow and pressure perturbations are

presented, and it can be seen that during auto-oscillation there

is indeed a lag between the upstream and downstream mass
flows. Although other aspects, such as the dynamics of the
inlet flow field, are not described as well, the transfer matrix
approach appears to be an important contribution to the
subject of auto-oscillations in systems with cavitating tur-
bopumps. (As a further note on this technique, it should be
mentioned that it has been applied to other types of flow
systems as well [117]. As an example, it has been applied to
the dynamic behavior of phase changes in such hydraulic
systems as the pressure suppression systems in boiling water
reactors [118].)

E. Cavitation Induced Instabilities at Off-Design Con-
ditions in Axial and Centrifugal Pumps. The discussion of
instabilities associated with cavitating pumps has been so far
focussed on flow regimes near design. However (as one might
expect) instability is also seen in systems of this sort during
“‘throttled,”’ i.e., low flow, operation. Such phenomena have
been described in [119] and {120]. In fact, in many instances it
appears that system oscillations can become more severe as
the flow is reduced from the design. For example, [120] shows
a substantial increase in the oscillation amplitude and in the
extent of instability as a function of NPSH'?, as the flow
through a combined inducer-impeller was reduced.

In addition, although we have described cavitation induced
instability with reference to a specific pump (an axial flow
helical inducer) it should be stressed that the occurrence of
severe system oscillations due to cavitation are by no means
limited to this geometry. They can also occur with centrifugal
pumps, and [105] and [121] address the problem of large
amplitude, low frequency pulsations in boiler feed pumps,
which are associated with the occurrence of cavitation.

Observations of the flow fields in both types of pumps
(axial and centrifugal) reveal that during operation at low
flows there is a strong backflow in the tip region of the pump
[122], [105], [108]. This can give rise to a substantial
tangential velocity component in the fluid upstream of the
inducer. The inlet flow can also contain a significant
cavitation volume upstream of the pump and is in general
quite different from a simple one-dimensional unsteady slug
flow. For example, flow visualization shows that the extent of
the upstream prerotation region and the cavitation volume
can vary substantially during the surge cycle [105]. Further it
has also been found that augmentation of the ‘‘prewhirl”’
upstream of the pump, by injecting high pressure fluid from
the pump discharge in a tangential duration has a significant
stabilizing effect [105], [119].

The stability of systems in which the pumps are operating at
these low flow conditions has also been investigated with a
transfer matrix approach, although only basic models of the
dynamic pump performance (similar to that presented in the
Appendix) have been used [105], [122]. In particular, based
on their visual observations of oscillations in a model pump
loop, Hobson and Marshall [105] assumed simply that all the
cavitation occurred in the inlet region ahead of the pump.
They computed stability boundaries and frequencies of
oscillation for a representative range of values of pressure
compliance and mass flow gain factor; the analytical results
again showed the latter to be a strong destabilizing influence.

19NpPSH (Net positive suction head) is defined as the sum of the total head of
the fluid at the location of interest, plus the atmospheric head, minus the vapor
head corresponding to the local temperature of the fluid.
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Although instability at off design conditions appears to be
quite important, the information in the open literature is not
very complete, and no real quantitative understanding of this
behavior seems to exist.

F. Suggestions for Future Work. The results of studies
such as [115] and [116] are very encouraging but there are still
aspects of the phenomenon that are in need of further work.

- One of these topics concerns the dynamics of the flow field in

the duct upstream of the pump inlet. As stated this is not a
uniform non-dimensional *‘slug flow”’ but a region in which
high swirl velocities (associated with the backflow through the
impeller tip) and cavitation can occur. This is particularly true
at low flow coefficients, where the pressure differences across
the impeller blades are large. The dynamics of this inlet flow
field are suggested to play ‘‘a major role in the inducer
dynamics and the auto-oscillation phenomenon’’ [116] and
this appears to be an area that should be addressed.

Further understanding is needed of the unsteady behavior
of these flows and, in fact, of pumps in the cavitating regime
in general. In this connection it is to be noted that the ob-
taining of detailed experimental data on transfer matrices for
a range of cavitation numbers requires considerable effort,
and the investigations reported in [116] were therefore limited
to the design flow rate. These should also be extended to
examine behavior during throttled operation in order to
clarify the dynamic response at other conditions than design.
Again, as in the discussions of the two previous types of
pumping systems, it appears that the calculations of system
stability boundaries are very much dependent upon accurate
models of the behavior of the active element in the system,
and the primary problem at present is in the resolution of the
transient performance of these elements.

Another possible avenue of research concerns the nonlinear
effects associated with auto-oscillation. The transfer matrix
approach is limited to small amplitude transients and is
inherently unable to treat these. One result of these effects,
with an axial inducer, is the hysteresis behavior in the curve of
head coefficient versus cavitation number, in that the per-
formance drops off sharply as one reduces the cavitation
number and enters auto-oscillation, and stays at this reduced
level until the cavitation number is increased significantly
beyond the value at which the drop initially occurred. The
area of nonlinear effects is thus another topic for in-
vestigation.

V Instabilities in Systems with ‘‘No Moving Parts”’

The oscillatory flows described so far have involved
systems which have turbomachines as the primary pumping
element. There are, however, instabilities which can occur in
situations not associated with the turbomachinery, and in
which the geometry of the essential elements has ‘‘no moving
parts.”” One example of these are the oscillations that are
encountered in supersonic intake diffusers—in particular the
low frequency pulsations which are termed buzz. This occurs
in the subcritical (low mass flow) regime, where the steady
flow can break down and the terminal shock wave exhibit
amplitude excursions in position, from well ahead of the cow!
to far down in the subsonic part of the diffuser. These ex-
cursions are accompanied by severe fluctuations in mass flow
and pressure recovery [123], {124], [125], [126].

These instabilities were of serious concern in some of the
early gas turbine engine and ramjet intakes. Many of the
difficulties have now been overcome as experience with this
phenomenon built up, but experimental investigations of
proposed inlet configurations are still required in order to
provide accurate definition of the buzz onset point. In par-
ticular, considerable development time can be spent to ensure
that the buzz regime does not intersect the engine operating
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envelope. In spite of this, the current situation appears to be
that enough knowlege has been obtained concerning this
problem so as not to warrant a substantial further research
effort at present. For this reason we will discuss it only
briefly.

Buzz has been studied by several different investigators.
One experimental and theoretical investigation was conducted
by Sterbentz and Evvard [126], with application to ramjet
intakes. They viewed the system of intake/diffuser, burner
volume, and nozzle as analogous to a Helmholtz resonator
(similar to the approach used to describe surge oscillations in
axial and centrifugal compression systems). This concept is
pictured in Figure 46, which is taken from [126}, and shows
the basic model. The relevant ‘‘pumping curve’’ now,
however, is the curve of diffuser pressure recovery versus
mass flow.

The analysis predicted that in regions where this curve had a
negative slope the system would be stable; however, if the
curve had a positive slope greater than some critical value,
instability would result. These predictions appeared to be in
reasonable agreement with the experimental results for the
onset of oscillations. As an illustration of this, Figure 47
shows the regimes of flow pulsation (buzz) in a supersonic
inlet diffuser on a ramjet model. The curve is of pressure
recovery versus mass flow (given as a fraction of the
maximum mass flow rate) at a flight Mach number of 1.77.
Details of the diffuser geometry are given in the reference.
The open symbols show the stable operating conditions and
the solid symbols indicate the points at which buzz was ob-
served. It can be seen that, as predicted, no instability oc-
curred on the negatively sloped part of the curve, but that, as
the mass flow is decreased, instability does occur at places
where the positive slope of the curve is greatest. As the flow is
reduced still further, the slope decreases and, in accord with
the trends of the theory, the instability disappears.

This basic Helmholtz resonator type of model has also been
used by Leynart to describe these inlet oscillations [127].
However, a recent approach to analyzing the phenomenon on
a more detailed level has been presented in [128].

Although buzz is the self-excited supersonic flow
phenomenon that perhaps most closely fits with the scope of
the title of this review, there are a number of other types of
self-induced supersonic flow oscillations which occur in a
system with non-moving geometry. Many of these are
discussed in the review paper by Jungowski [129]. In addition
Ref. [130] presents an analysis of the instabilities which occur
with supersonic flow past an open cavity. (This last-
mentioned instability, in fact, belongs to a wider class of
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flows both supersonic and subsonic which are susceptible to
self-excited oscillations. These are the flows in and near
cavity-type geometries, not only in aircraft components as
discussed in [130], but also in applications such as slotted wall
wind and water tunnels, high head gates, etc. These are
reviewed by Rockwell and Naudascher [131], who also survey
the closely related problem of oscillations in impinging shear
layers [132].)

As a final note on this topic, we can also mention that there
are more complex types of systems with ‘‘no moving parts,”’
which can exhibit instabilities. We will discuss one example of
such a situation, the branched diffuser system, in the section
dealing with compound pumping systems.

VI Two-Phase Flow Instabilities

Many of the systems discussed in this review are subject to
instabilities that are associated with the pumping element, or
at least with a component which raises the pressure of the
fluid flowing through it. However, there is also a large class
of fluid systems which have instabilities associated with
components that are not of this type. Important examples of
these are the system instabilities that occur with two-phase
flow, especially those in heated pipes or channels. Such in-
stabilities are found not only in forced convection pumping
systems, but in natural convection loops as well, and they are
of particular importance in, for example, water cooled and
water moderated nuclear reactors.

Although not all specifically related to the pumping
characteristics, these instabilities deserve mention because of
their significance in fluids engineering applications. We
cannot discuss all the various types of instabilities that occur
in two-phase flow.?® A listing of some of these is given in
Table 2, which is excerpted from that in the review by Boure,
Bergles, and Tong [133]. (Note that in [133] and in the later
article by Boure [134] these groupings are in fact subdivided
even further.) It can be seen that there are a considerable
number of phenomena that come under the general heading of
two-phase flow system instabilities, and indeed, one of the
difficulties in many cases seems to be the identification of the
particular mechanism which is at the root cause of the in-
stability. We shall attempt to discuss the fluid- and ther-
modynamics involved in several of the most basic of these
instabilities, concentrating on those which depend on the
pumping system characteristics, i.e., pressure drop
requirements; it should be noted, however, that two-phase

201n this context it can be pointed out that one can compile a fair-sized
reference list even if he includes only the review and survey papers on the
subject of two-phase flow instability.
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Table2 Types of two-phase flow instability (from [133])

Type
Static instabilities

1. Flow excursion or
Ledinegg instability

2. Boiling crisis

3. Flow pattern transition
(relaxation instability)
4. Bumping, geysering, or
chugging (relaxation
instability)
Dynamic Instabilities

1. Pressure drop
oscillations

Mechanism

Slope of pressure drop curve more
steeply negative than pumping

(supply) characteristic

Ineffective removal of heat from
heated surface

Bubbly flow has less void but higher
AP than that of annular flow

Periodic adjustment of metastable con-
dition, usually due to lack of
nucleation sites

Flow excursion initiates dynamic inter-
action between channel and compressible

Characteristics

Flow undergoes sudden large amplitude
excursion to a new, stable operating
condition

Wall temperature excursion and flow
oscillation

Cyclic flow pattern transitions and

flow rate variations

Period process of super-heat and violent
evaporation with possible expulsion and
refilling

Very low frequency periodic process

volume
2. Acoustic oscillations

3. Density wave
oscillations
pressure drop

4. Thermal oscillations

Resonance of pressure waves

Delay and feedback effects in relation-
ship between flow rate, density, and

Interaction of variable heat transfer

High frequencies (10-100 Hz) related to time
required for pressure wave propagation in
system

Low frequencies (1 Hz) related to

transit time of a continuity wave

Occurs in film boiling

coefficient with flow dynamics

5. BWR instability

6. Parallel channel

instability paraliel channels

Compliant Volume
(mass storage
capacityl

[+— Heated —
section

m
>

& gk
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Fig.48 Two-phase flow pumping system

flow instabilities are an area of considerable research and
many problems are still unresolved.

For definiteness consider a simplified open-loop system
consisting of a pump and a heated section with a possibility
for mass storage due to a compliant volume. Such a system is
shown in Fig. 48. The heat transfer portion of this system will
typically consist of an electrically or nuclear heated tube (or
tubes) with a throttling element (or elements) connected in
series with it. The general engineering question that can be
addressed is, under what conditions will a nominally steady
flow through this configuration change to another flow
regime in which conditions are such that there can be an
adverse effect on overall performance and/or system life?

A. Flow Transition Due to Boiling Crisis. Perhaps the best
known of the flow regime transitions that can occur in a
system of this type is the so-called boiling crisis (sometimes
referred to as departure from nucleate boiling). The basic
situation can be discussed with reference to a typical heat
transfer curve for a fluid flowing past a heated surface, as
indicated in Fig. 49 [135]. The horizontal axis is the tem-
perature difference between the surface and the bulk fluid and
the vertical axis is the heat transfer per unit area. One can
divide the different flow regimes that occur into those in
which the heat transfer is by convective processes, i.e.,
nonboiling regimes, and those in which boiling becomes the

primary agent. Although the factors of liquid subcooling and .
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Interaction of void reactivity coupling
with flow dynamics and heat transfer

Interaction among small number of

Strong only for a small fuel time constant
and under low pressures

Various modes of flow redistribution

fluid velocity affect the absolute value of the heat transfer, the
general shape of the curve will be similar whatever the values
of the parameters. The region between A and B is that in
which nucleate boiling occurs. In this process, the evaporation
takes place at nucleation sites on the surface. Heat is trans-
ferred directly to the bulk liquid, and the conversion of liquid
to vapor is responsible for only a small part of the total heat
transferred. As the temperature difference is increased, the
heat flux and vapor production increase until (at temperatures
corresponding to point B) the vapor which forms next to the
surface starts to significantly interfere with the heat transfer
to the liquid. Further increase in the temperature difference
causes the production of a greater concentration of vapor
near the surface with the consequent decrease of the heat flux.
At point C the surface is essentially blanketed by a vapor film
(thus the name “‘film boiling’’) and heat transfer takes place
through this film rather than by direct liquid-solid contact.
Because of the insulating effect of the vapor film, the heat
transfer coefficients that occur during film boiling are
generally much lower than those found in nucleate boiling. As
the temperature difference is increased from AT (C), the heat
transfer once again rises, with radiation becoming more
important as higher temperatures are reached.

It can be seen that the heat transfer curve passes through a
local maximum at point B. If one is operating at this point
and a small perturbation (increase) in heat flux occurs, the
result will be that the heat which cannot be transferred away
at that wall temperature goes into increasing the wall tem-
perature. However, this permits even less heat transfer and
the system undergoes a rapid transient until a new stable
operating point is reached, at point D. Unfortunately in many
situations, especially those using water as the cooling liquid,
this temperature is above the heat transfer surface melting
temperature and the system fails. Thus this type of instability
is often known as burnout. The occurrence of this
phenomenon is a matter of great interest to designers of
boiling heat transfer systems, and there is a great deal of
literature on the prediction of this point. Two recent survey
references are [136] and [137].
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This static instability has been mentioned because of its
technological import, but it is not really directly connected
with the overall pumping system characteristics and we will
therefore not discuss it in any greater depth. There are,
however, other types of instabilities which occur with two-
phase flow systems which are also of major importance and
which are closely related to the system characteristics. These
are pressure drop instabilities.

B. Pressure Drop Instabilities.

1. Negatively Sloped System Resistance Curves in Two-
Phase Flow. As will be seen in the next section, pressure drop
instabilities occur due to negatively sloped pressure drop
versus mass flow (system resistances) curves. Before con-
sidering the instabilities themselves, it is thus useful to
examine the situations which give rise to this type of system
characteristics. Following the presentation given by Griffith
[138], we consider gas-liquid two-phase flow in a tube. The
overall static pressure difference between two stations can be
viewed as being composed of three different com-
ponents—friction, momentum, and gravity.

AP yerall = APfriction + AP, + APgrawity

In certain physical situations, it is possible for each of these
terms to increase with decreasing flow. We can examine
examples of each of these.

In most cases, the frictional component of the pressure
drop increases with increasing flow. One significant exception
is that of subcooled boiling at relatively high heat fluxes.
Consider flow in a heated tube with heat flux, exit pressure,
and inlet temperature held constant. At very high flow rates,
no surface boiling will be required to transfer the heat, and
the pressure drop may be calculated from single phase
correlations. As the flow rate is reduced, local boiling begins
at the downstream end and then moves upstream with further
flow reduction. A considerable fraction of the tube length can
be boiling with large bulk exit subcoolings. At these con-
ditions, the void fraction is quite small as is any momentum
pressure drop.The rapid growth and collapse of bubbles near
the heated surface, however, will increase the wall shear stress
so that a decrease in the flow results in the pressure drop curve
passing through a minimum with a consequent negatively
sloped region.

A negatively sloped region can also be due to the
momentum pressure drop. In a steady flow, with constant
mass flow rate down the tube, an increase in void fraction will
lead to an increased momentum flux and an associated
momentum pressure drop. This may come about because of
heat addition or because of decreasing pressure level in an
adiabatic situation. Again, considering flow in a tube with
constant heat flux, a reduction in the flow rate will result in a
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higher exit quality (vapor mass flow fraction). If the
operating point is in a region where small quality changes lead
to a large change in the void fraction, an increased
momentum pressure drop may result.

Other situations in which the pressure drop can increase
with reduced flow occur because of the pressure gradient due
to gravitational effects. For a flow in a vertical tube, say, the
overall pressure drop between two stations will depend on the
gravitational head difference (as well as the effects discussed
in the previous paragraph, which are associated with the
motion of the fluid). In the case of an upward flow this head
difference represents a pressure drop. For an air/water flow,
an increase in air flow at constant water flow would give a
higher void fraction and a reduced gravitational pressure
drop. For a downward flow situation (i.e., a downcomer) the
hydrostatic head difference represents a pressure rise in the
flow direction. In a downcomer with heating, a flow
reduction at constant heat input will result in a higher average
quality (lower density) and hence a decreased hydrostatic
head. The possibility thus exists here also for an increase in
the overall pressure drop as the flow rate is reduced.

A not uncomonly encountered situation in two-phase flow,
therefore, is a pressure drop versus flow curve that has a
minimum and hence a negatively sloped region. An
illustration of this is seen in the data of Figure 50, which
shows pressure drop versus flow at different heat flux levels
for a heated tube (plus valves) [139]. The different lettered
curves correspond to different heat flux levels, and it can be
seen that as the heat flux is increased there can be a sub-
stantial region in which the curves have a negative slope.

2. Qualitative System Stability Considerations. Let us now
examine the consequences of the type of pressure drop versus
flow curve shown in Fig. 50 on system stability.?! As a first
step let us superimpose this type of system pressure
requirement (based on constant heat flux) on some typical

2 tis to be emphasized that although we use the heated system of Fig. 50 as
our primary example, the occurrence of pressure drop instability is not
restricted to this situation only, as will be discussed below.
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pumping curves. These are presented in Fig. 51, from [140],
which shows a representative pump curve (D), two lines
corresponding to constant pressure delivery systems, (A) and
(B), and a curve for a constant flow system (C). The constant
pressure situation could occur if the tube were one of a large
number of tubes, connected at inlet and outlet to headers. It is
evident that point 2 is statically unstable since a slight increase
(or decrease) in flow leads to circumstances in which pressure
imbalances tend to magnify the initial perturbation, leading to
operation at point 1 (or 3) respectively. If one in fact examines
the stability of an arbitrary intersection of pump and heating
section characteristics (points 8 or 9), it can be seen that the
criterion which describes the static stability is that the pump
characteristic must be steeper than the system pressure drop
requirement for stable operation. Thus although point 8
would not be a stable point, point 9, which is on a less steeply
sloped portion of the negatively sloped part of the curve,
would be statically stable. For a system with a constant im-
posed pressure drop, this implies that the onset of static in-
stability is right at the minimum point (4), whereas for a
system in which the flow rate is maintained constant (by a
displacement pump, say) there are no regions of static in-
stability on the curve.

A serious consequence of this instability can be that the
flow rate at point 3, say, occurs at a condition such that the
heated section is at an excessive temperature so that the
system fails. An illustration of this is given in Fig. 52. This
shows the critical heat flux (burnout point) versus mass flow
rate for heated tubes in two types of systems [140]. One
system had a constant flow delivery while the other main-
tained an essentially constant pressure drop across the section.
The burnout points obtained with the first (which can be
referred to as stable burnout) are indicated by the open cir-
cles. The points obtained with the second are shown by the
open squares, with the solid squares indicating the predicted
point of excursive instability (the minimum of the pressure
drop/flow rate curve). It can be seen that in this instance the
excursive instability leads to a practical burnout limit which
occurs at heat fluxes that are approximately one-half those
obtained in a stable system.

This static instability is well known and is referred to as the
Ledinegg, or excursive instability. However, there is also
another type of pressure drop instability, which is a dynamic
instability and leads to an oscillatory situation. (Note that the
static instability pictured in Figure 51 cannot by itself lead to

an oscillation.) To analyze this, Maulbetsch and Griffith [140]
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considered a lumped parameter model of the heated channel,
which included the mass storage capability inherent in such
heating sections. Using this model they derived a criterion for
the onset of dynamic pressure drop instability and they were
able to experimentally verify their predictions. Their system
had a large mass storage capability in it, so that the point of
dynamic instability occurred very near the minimum of the
pressure drop versus flow curve. In their system the onset of
instability led to failure of the heated section. Hence for a
system of this type the dynamic instability point would also be
the practical burnout limit, which could occur considerably
below the heat fluxes that could be achieved if the system were
stable up to the true burnout (boiling crisis) point.

A simple analysis of pressure drop instability is presented in
the Appendix. However, the physical mechanism associated
with this type of dynamic instability can be understood by
examining the transient behavior of the system from an
energy standpoint, in a manner similar to the approach used
in the Introduction to describe the dynamic instability of the
basic pumping system. Therefore let us suppose that the
system shown in Fig. 48 is undergoing small amplitude
oscillations about a given operating point 0. For definiteness,
we take the system inlet and outlet pressures and the heated
section heat input to be constant.

Let us now examine the overall production of mechanical
energy associated with each of the system elements for a
complete cycle of the oscillations. As with the pumping
system the inertances and capacitances will not give rise to any
production of mechanical energy. In addition, since we can
consider the pump to be operating near design, i.e., on the
negatively sloped part of its characteristic, the unsteady flow
through both the pump and the throttle will result in an in-
creased level of dissipation (or decreased energy addition)
compared to the situation with steady flow through the
system. The only element that is capable of feeding energy
into the oscillations is thus the heated section.

Therefore consider now the oscillating flow in this section
in two cases, namely a situation where the operating point 0 is
on the negatively sloped part of the pressure drop versus flow
curve, Case I, and a situation where it is on the positively
sloped part of the curve, Case 11, as shown in Fig. 53. In the
figure the perturbations in heated section mass flow, ém, and
in heated section pressure drop, AP, are plotted versus time
as is their product, AP X &n. The integral of this product
over a cycle is just the excess of dissipation of mechanical
energy in the heated section compared to the steady-state
situation. The plots show one complete period. It can be seen
that, with the positive slope (Case II, on the right-hand side)
the heated section is just another resistance, and increased
dissipation occurs. However, with operation in the negatively
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sloped part of the curve (Case I) there is a lower value of
dissipation than in the steady case. This deficit in dissipation
is equivalent to a net production of mechanical energy. Put
another way, one could think of the dissipation occurring in
Case I as analogous to that associated with the product of
negative damping force and velocity in a mass/spring/damper
system.

Since the pressure is constant at the inlet and outlet of the
system there is no net outflow of mechanical energy. Hence
the net amount ‘‘produced’ by the oscillatory flow in the
heated section minus that dissipated in the pump and throttle
will appear as either an increase or a decrease in the
mechanical energy of the oscillations. (Note that the role of
the heat transfer itself is only to create the conditions needed
for a positive negatively sloped curve—it does not enter into
the system mechanical energy balances described here.)
Paraphrasing the summary of the mechanism of dynamic
pump instability given in the Introduction, we can therefore
state that dynamic instability can occur in the system pictured
in Fig. 50, when the dissipation of mechanical energy in the
heated section is less during the oscillatory flow than during a
mean (steady flow) and this can only occur if the pressure rise
versus flow characteristic is negatively sloped so that high
mass flow and low mechanical energy dissipation per unit
mass flow go together.

It should be stressed that the preceding has served only to
describe qualitatively the basic fluid mechanics which lead to
those conditions necessary for the onset of dynamic in-
stability. To find the conditions which are also sufficient, i.e.,
to find the specific system operating point at which the in-
creased dissipation in the pump and throttle will just balance
the decreased dissipation in the heated section (this situation
marks the boundary between stability and instability) one
must carry out a quantitative calculation of the transient
response of the system. A calculation of this sort for an
idealized system is given in the Appendix. The results of the
stability analysis show that for a given system with specified
inertances, capacitances, etc., there is a critical value of slope
of the pressure drop versus flow curve that is necessary for
instability. Thus, as one decreases the mean flow through the
system and moves toward the (local) maximum of pressure
drop, it might be anticipated that the system would once again
become stable. This was also found by Stenning and
Veziroglu [141], as shown in Fig. 54, where the regions of
different types of instability are indicated. It can be seen that
there is a finite region in which the pressure drop oscillation
persisted; however, at lower (or higher) flows the system was
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stable. Decreasing the flow past the local maximum brought
with it another type of instability known as density waves,
which will be discussed in a subsequent section. Although the
frequencies shown are specific to the system studied, the trend
(of the pressure drop oscillations having a much longer period
than the density oscillations) is a general result.

Whether the pressure drop instability is static or dynamic,
one remedy can be to increase the system pressure drop. For
the static instability, the additional throttling can be anywhere
within the system (i.e., anywhere between stations 0 and 3 in
Fig. 48). On the other hand, for the dynamic instability, the
throttling should be such as to increase the pressure drop in
the ‘‘heated section,’’ i.e., should be between stations 2 and 3
in the figure. Throttling at the location indicated in Fig. 48,
for example, would thus be useful for suppressing dynamic
instability in the system illustrated. However, if the internal
mass storage capability of the system is due mainly to the
inherent compressibility of the vapor phase, as it might be in a
long heated section where there can be significant capacitance
within the section, this remedy may not be effective. In ad-
dition, for the dynamic instability, changes in parameters that
tend to decrease the system compressibility (compliance) are
also a stabilizing influence. There is not scope in this review to
discuss this topic further, but additional information, in-
cluding numerical studies of the instability, can be found in
[142], [143]. Other useful (review) articles on the general topic
of two-phase flow instability are [144], [145], [146], [147].

3. Limit Cycle Oscillations due to Pressure Drop In-
stabilty. The experimental system used by Maulbetsch and
Griffith [140] made use of water as the heat transfer fluid.
Consequently, data could not be obtained on the behavior of
the large amplitude oscillations that occur subsequent to this
initial instability. Stenning, Veziroglu, and Callahan [139]
also investigated this phenomenon using Freon 11. The
considerably lower heat transfer rates and temperatures
encountered with this liquid meant that they could study the
nonlinear system behavior as well. Their investigation showed
several main points, among which was that the dynamic
instability can lead to the occurrence of nonlinear, limit cycle
oscillations in the pressure rise and mass flow through the
heated tube. An illustration of these is shown in Figure 55.
The axes are mass flow rate and pressure drop, and the times
(in seconds) during the cycle are indicated. A typical period
for the apparatus used was on the order of a minute. These
cycles are analogous to the surge cycles found with com-
pressors in that their features are determined by global system
properties rather than by the properties at one point. Analysis
of this nonlinear behavior was also carried out in [139] and
qualitative agreement was obtained between the predicted
trends and those found in the experiments.

Investigations of the nonlinear limit cycle oscillations that
occur as a result of pressure drop instability have also been
described in [148] and [149]. The first of these used a heated
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Fig. 55 Limit cycle oscillation due to pressure drop dynamic in-
stability [141]

test section apparatus along the lines of those in [139] or
[140]. However, in the second, the two-phase flow was
composed of a mixture of air and water (i.e., there was no
heated section), with the flow rates of each being in-
dependently controlled. By varying the relative rates of the
two components it was possible to obtain a pressure drop
curve with a negatively sloped region. The oscillations ob-
tained in this facility were similar to those obtained with the
heated section experiment.

The experimental facility as described in [138] had a
compliant volume in the system whose size could be varied,
and a set of experiments were carried out to assess the effect
of volume size on system behavior. It was found that as the
volume was increased the limit cycles would have sub-
stantially larger swings in flow rate, directly analogous to the
situation that occurs with limit cycles in compression systems.
(Compare Fig. 7 or 8 of [149] with Figs. 8-12 of [32], for
example.)

Theoretical studies of the transient system behavior were
also carried out in [148] and [149] using nonlinear lumped
parameter models. The curves of pressure drop versus flow
were approximated by cubics. This led to an equation for the
system flow rate which was somewhat similar to the van der
Pol equation, and in fact reduced to the van der Pol equation
for the important case of the (unstable) system equilibrium
point being situated symmetrically with respect to the local
maximum and minimum of the pressure drop curve. This is of
interest in view of the previous discussions of some of the
work carried out on compression system limit cycles
(references [63]-[65]) and can be taken as yet another in-
dication of the strong similarities that exist between the
dynamical behavior of many of the systems that are con-
sidered in this review. The results of the analysis were found
to be in reasonable agreement with the experiments.

There is one further point that can be remarked upon in
connection with [149]. In the equations developed to model
the system behavior, a non-dimensional parameter occurs
which is similar in form to the B parameter previously
discussed in the section on compressor stability. Increases in
volume correspond to increases in this parameter. It should
not therefore be surprising that the swings in flow rate during
the limit cycles become larger as this parameter is increased.

C. Density Wave Oscillations. Pressure drop instability is
related directly to the system resistance characteristics, and
thus has been described in some detail. There is, however,
another class of instability which is common in two-phase
flow systems and which should also be mentioned. This is the
so-called density wave oscillation (sometimes referred to as
“flow-void feedback instability’’ or “‘time delay instability’’).

228/ Vol. 103, JUNE 1981

Heater

Exit
In}e1 Throttle ——
{ _{ —
- Duct
S —
Pump (Duct tength)
Fig. 56 Idealized two-phase flow pumping system model for

illustration of density wave oscillations

A presentation of the salient features of density waves has
been given by Stenning and Griffith [150] and the following
description is based on that reference. Consider the system
shown in Fig. 56, consisting of a short heated section followed
by a duct, at the end of which is a flow restriction (throttle).
Assume that the heat input is constant, that fluid enters the
heated section as a liquid and leaves as a saturated or
superheated vapor, and that all of the system pressure drop
occurs across the throttle.

If the pressure drop across the throttle is small compared to
the absolute pressure level in the system, then the volume flow
rate in the exit duct is proportional to A, VAP, /p,, where A4,
is the area of the restriction, AP, is the pressure drop across
the restriction, and p, is the density of the fluid at the
restriction. If the system is operating at a steady state and the
throttle area is decreased slightly, there will be a reduction in
system flow rate.?> With constant heat input, the enthalpy of
the fluid leaving the heated section will increase and the
density p, leaving the heated section will decrease. Hence after
a time L/C equal to the transport time of a particle from the
evaporator to the restriction (L is the duct length between
heater and throttle, C is the fluid velocity), the density p, at
the restriction will drop. When this occurs, the volume flow
rate through the system will rise, the density p, of the fluid
leaving the heated section will increase, and after another time
interval L/C the density p, will change again at the restriction.
Depending on the characteristics of the system, the transient
may damp out or amplify to a finite amplitude oscillation and
the resulting (density wave) oscillations will have a period
which is roughly equal to twice the residence time of a particle
in the system.

The particular arrangement of the system used in the
simplified discussion given above is not essential for the
existence of density-wave instability. The flow resistance may
be distributed throughout the heater, an exit duct is not
essential, the fluid may leave the heater as a mixture of liquid
and vapor, and the heat transfer into the fluid may be a
complex function of the fluid properties and the mass flow
rate. In each case, there will be some critical power level above
which density-wave oscillations will appear. The essential
ingredients which combine to produce density-wave instability
are (@) a density distribution throughout the system which
depends on flow rate, () a time delay between flow rate
change and density response and, (c) a relationship between
heater pressure drop, flow rate and density distribution.
Density-wave oscillations can occur when a gas is bubbled
into a flowing liquid, or even when a very light liquid is in-
jected into a heavy liquid. Note that the above requirements
can be satisfied by a single-phase as well as by a two-phase
system, and density-wave oscillations have been observed in
fluids at supercritical pressures. They may also occur. in
heating of gases at subcritical pressures if the volume change
is sufficient. It should be emphasized that the simple
mechanism for the initiation of oscillations, which is
described in the foregoing, does not depend on the com-
pressibility of the vapor or on inertial effects. The waves are

220ne could make analogous arguments based on small flow perturbations
due to other causes as well as the one mentioned.
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thus examples of continuity (or kinematic) waves. (An in-
troductory discussion of this type of wave is given in [151].)

This type of oscillation is a quite commonly encountered
instability in systems with two phase flow. As a consequence it
has been widely studied, and various models have been
developed to analyze the phenomenon. These range from
simple, lumped parameter, homogeneous flow models,
which treat the mixture of liquid and vapor downstream of
the heater as a homogeneous fluid with some average density,
to models which treat the two phases separately, allow a slip
between them, allow nonuniform and/or non-constant heat
input, as well as account for a non-equilibrium situation
existing between the liquid and vapor. A detailed description
of the latter type of model is given in [147]. Other good
descriptions of this work, as well as useful bibliographies, are
given in the reviews cited previously [133, 134, 145]. These
mention many of the specific computer codes that have been
developed to analyze the onset of density waves.

Although we will not enter into a discussion of the
assumptions used in the various models, it is useful to present
a summary of some of the main conclusions that have
emerged out of the work on density waves. In particular what
we can describe are the overall effects on stability of changes
in the parameters that characterize system operation. As a
start, it should be noted that a large number of non-
dimensional parameters are needed to define the operating
conditions of a given system. For example, for a basic system
of given geometry, which is a heated tube with throttles at
either end, Ishii [136] derives six non-dimensional parameters,
in addition to the inlet and outlet throttle pressure drop
coefficients, that are needed to characterize the system
operation,

For constant system pressure and inlet velocity with fixed
geometry four of these parameters are fixed and the stability
boundary can be plotted in a plane involving the two
remaining parameters. The two parameters used by Ishii (an
alternative set of parameters has been developed by Boure
[133]) are the subcooling number Ny, which is proportional
to the inlet subcooling, and the phase change number Ny
which scales the phase change of the system. The first of these
parameters is essentially a measure of the ‘‘time lag’’ effects
{between entrance and the inception of bulk boiling) due to
subcooling of the fluid entering the heated section of the duct.
The second is related to the time to vaporize a unit amount of
the fluid compared to the through-flow transit time. (The two
parameters are defined explicitly in the Nomenclature sec-
tion.)

Ishii carried out stability analyses of this type of system for
various conditions and presented the results in an Ny, Ny
plane [147]. (One interesting point is that the equations
describing the system response have time delays in them, and
are similar to the equations that one finds when analyzing
combustion instability in liquid rocket motors, as discussed in
the next section.) Figure 57 shows a schematic of the stability
results. The horizontal axis is the phase change parameter,
N, and the vertical axis is the subcooling parameter, Ny,.
The region of interest is as indicated since the amount of
subcooling is bounded by the freezing point, and the exit
quality is between O and 1. On this plane a constant exit
quality line is a straight line parallel to the X, = O line. A
typical region of instability is also indicated on the map. For
detailed quantitative results, and for calculations of the ef-
fects of the other nondimensional parameters the reader is
referred to [147] or [152]. However, general trends that are
associated with the stability boundary are:

1) Increasing Nyg, i-€., increasing heat flux at constant
inlet velocity is destabilizing.
2) Increasing N, i.e., increasing inlet subcooling -is
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Fig. 57 Representative stability boundaries for density wave
oscillations [147]
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(a) Pressure rise coefficient versus inlet void fraction for
different flows [153]

(b) Pressure rise coefficient versus flow for different inlet void
fraction (crossplot of a) [154]

stabilizing for Ny, greater than some critical Ny, and
destabilizing for N, less than this critical value.

3) The effect of inlet throttling is strongly stabilizing
whereas the exit throttling is destabilizing.

4) Increasing the system pressure level increases the vapor
density and reduces the density effect. For given values of
power, subcooling and flow rate it has a stabilizing effect.
Note that the ratio of vapor to fluid densities appears in the
parameters Ny and Ny, and the calculations of Ishii, which
are carried out at several pressure levels, appear to show that
the effect of system pressure on the stability boundary is
essentially all taken into account through the influence of Ny,
and N,

D. Pump Surge Due to Two-Phase Flow. Another type of
instability that is encountered in two-phase flow systems has
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been associated directly with the pumping element. This has
been termed pump surge by Rothe, Runstadler, and Dolan
[153] in view of the apparent similarity to the types of in-
stability observed with single phase flow in pumps and
compressors. They found large amplitude oscillations in a
two-phase flow system which used a centrifugal pump.

Although no quantitative analysis of this phenomenon has
been carried out, some qualitative observations relating to the
system stability have been made in [153]. These have to do
with the two-phase performance of the pump. In particular
we can examine the steady-state behavior of the headrise
(pressure rise) coefficient for a centrifugal pump in a two-
phase flow as the inlet void fraction (the volumetric con-
centration of the gas phase) is increased. Data of this type are
shown in Fig. 58(a), which is taken from [154]. The vertical
axis is the actual head coefficient (pump head rise divided by
impeller tip wheel speed squared), normalized by the head
coefficient for single phase flow, and the horizontal axis is the
inlet void fraction. The different symbols represent different
total flow coefficients (defined as total volumetric flow at
inlet divided by the product of impeller tip wheel speed and
impeller discharge area). It can be seen that as the void
fraction is increased there is a significant falloff in head
coefficient, as well as that at constant void fraction the falloff
in head coefficient increases as the flow coefficient is
decreased. '

With this as background, it is more pertinent to plot this
data in the usual headrise versus flow coefficient format, as is
done in Fig. 58(b) from [153]. It can be seen directly that
whereas the single phase curve (the circles) is negatively sloped
except for a small region at quite low flow rates, the curves for
higher inlet void fractions have a considerable positive slope
over much of the range shown. Thus, if one considered small
perturbations which occurred in a system with a pumping
characteristic of this type, there would be a definite possibility
for the promotion of an instability as has been described in
detail previously.

For the general case of an arbitrary perturbation in system
operating point there is no need for the inlet void fraction to
remain constant and even {f we consider the pump transient
performance to be approximately quasi-steady, the head rise
will then be a function of both the instantaneous inlet void
fraction and the flow coefficient. The pump operating point
could thus traverse a path that cut across the curves in Fig.
58(b) and the effective slope could be more or less steeply
sloped than shown. Nevertheless, it does appear that the
falloff in head coefficient as the result of a two-phase inlet
flow could be a potentially important factor in promoting
instability.

Although a similar type of phenomenon has been noted in
[155], where it is reported that increasing the inlet void
fraction for a centrifugal pump resulted in an oscillation of
the whole piping system, there appears to be little other data
on this type of instability. In addition, no quantitative
analysis has been done, and the basic unsteady flow
characteristics of the pump remain unclear. This is therefore
another area which is of engineering importance and in which
much further work needs to be carried out before adequate
understanding is achieved.

E. Other Types of Two-Phase Flow System In-
stability. There are, as seen from Table 2, many types of two-
phase flow instability which can plague fluid systems and
there is a considerable amount of literature on these other
types also. As they are less frequently observed; and are less
related to the overall system pumping or throttling charac-
teristics, they are not really within the scope of this review,
and for discussions of them one is referred to the review
articles on two-phase flow cited previously.
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F. Multiple Channel Instabilities in Two-Phase Flow. The
foregoing discussion of two-phase flow instabilities has been
limited to single channel flow. However, many practical two-
phase flow systems occur with several or more channels in

- parallel. These channels can exhibit coupled oscillations in

which the flow in a given channel can even be reversed. The
subject of parallel channel instability is therefore also one in

- which work has been done. Reference [156] reports in-

vestigations of boiling oscillations in a four parallel channel
up-flow system. Both density and pressure drop oscillations
were observed. The influence of cross sections on the system
behavior has also been studied. Other references on this topic
are [157], [133], [134], Chapter 9 of [136], [145]. Of the many
conclusions that have emerged from this work we will
mention here only two. First, a parallel channel configuration
having a large number of channels is essentially a constant
pressure drop situation as far as any one channel is concerned.
Hence pressure drop instability can occur right at the
minimum of the pressure drop versus flow curve. Second, the
use of cross channels is likely to stabilize density wave
oscillations since the pressures in different channels are out of
phase and the connections tend to attenuate the pressure non-
uniformities.

VII Combustion Associated Instability in Pumping
Systems

There are many types of pumping systems in which com-
bustion takes place, and there are a number of instabilities
that can occur which are associated with the presence of the
combustion. A useful distinction between the different types
is made in [158] in which the instabilities have been defined as
falling into three main classes:

1) Instabilities that are specific to the chamber (combustion
chamber instabilities)

2) Instabilities involving the entire system (system in-
stabilities)

3) Instabilities involving only the reactants (intrinsic in-
stabilities)

It is the second group only which falls within the scope of this
review. Prime examples of this type are the oscillations that
can occur in liquid propellant rocket motors and which are
commonly referred to as ‘‘chugging,’’ and the low frequency
oscillations that can be encountered in oil- and gas-fired
boilers.

The first of these, low frequency instabilities in liquid
propellant rockets, received substantial attention in the past.
The early work on this topic is described in the monograph by
Crocco and Cheng [159], as well as in [160]. A key element in
the stability analyses is the idealization of the combustion
process by using the concept of a combustion time lag, or time
delay, between the instant the propellant is introduced into the
combustion chamber and the time at which the burnt gas (the
products of combustion) is generated. Although we will not
reproduce the analysis presented in the reference, some
motivation for the destabilizing effect of such lags (in a
different context, to be sure) can be given following the
presentation in [1]. Thus consider a single degree of freedom
oscillation where the restoring force is considered to be
delayed (has a lag) by some time constant 7. The equation for
this system can be written

40
dr?
If we expand the restoring force term in a Taylor series in
powers of 7, and retain only the first term, we find:
X () dX()

7P

+X(t—-71)=0.

+X(¢) =0
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This is the equation for a system with a negative damping, in
other words a system that will exhibit dynamic instability. The
argument thus gives some motivation for the effect of a time
delay on system stability, although it is by no means intended
to be a rigorous demonstration of the influence of time lags in

the more complex cases under consideration.
One of the important conclusions that emerged from the

stability analyses that were carried out for liquid propellant
rocket engines was that the oscillations could be suppressed by
various changes in the feed system, in particular by having a
large enough flow resistance in the propellant inlet line. In
addition, Tsien [160], among others, has shown that feedback
control techniques can also be used to increase stability. It
therefore appears that there are now useful techniques
available to help control the low frequency oscillations in
these systems, and that there is now less research on this
particular topic than there has been in the past. Summaries of
some of the later developments in this field (as well as of other
combustion instabilities) are given in the review articles by
Crocco [161], [162], and a very detailed survey of the specific
topic of liquid propellant rocket combustion instabilities (with
almost 800 references) is given in the volume edited by Harrje
[163].

Somewhat related to this instability are the oscillations that
can occur in industrial furnaces. These are also low frequency
oscillations, in which the energy for the oscillations comes
from the combustion. There have been several treatments of
this type of instability, which model the system as a
Helmholtz resonator, and in which criteria for the onset of
oscillations are derived. (The fundamental investigation of the
problem in this fashion is due to Rayleigh [164], who stated
the following criterion for the maintenance of oscillations by
an unsteady heat input: ““If heat be given to the air at the
moment of greatest condensation, or taken from it at the
moment of greatest rarefaction, the vibration is encouraged.’’
A derivation of this criterion for a simple system is presented
in the Appendix.) Examples of investigations of this problem
for systems of practical concern are [165]-[169], and a review
of some of these approaches is given in [158]. The analyses are
based on various hypotheses about the combustion
phenomena which are responsible for the fluctuating heat
release during the oscillation, since once this is specified the
system dynamics can be determined. While the analyses are
able to predict some of the experimentally observed
oscillations, it appears that the basic mechanism that
determines the quantitative nature of the relation between the
pressure/flow rate pulsations and the heat release due to
combustion is still not understood, and that this is the most
important question for future research in this area. In fact this
might also be said of the rocket engine instabilities, where the
relevant processes that determine the time lag are still not
totally clarified. In this general context, a recent study which
examines some of the non-steady fluid mechanic phenomena
in large combustors is given in [170]. One other example of
combustion associated system instability which is of
technological import is the oscillations that are encountered in
gas turbine engine afterburners. An introductory discussion
of this phenomenon is given in [171].

VII Self-Excited Oscillations in Hydraulic Systems
and Other Types of Pumping System Instability

In this section we will discuss some of the pumping systems
encountered in the general area of hydraulics and their
associated instabilities. We will also mention some other types
of pumping system instabilities which are of interest but in
which there is less current engineering activity than in those
areas which we have discussed at length. As a preamble to the
discussion of the first topic, we again state that the transients
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to be covered will be of the self-excited type only. It should
thus be noted that, for example, even though many of the
oscillatory phenomena that occur in hydraulic systems,
especially large scale (power station) installations, are
sometimes referred to using the term “‘surge,’’ they are often
not really instabilities, but are rather resonant responses of a
stable system to some external forcing function. In con-
sistency with the general theme of the review, therefore, we
will only discuss those transients which do arise from true
instability. Even with this restriction, however, the view
expressed in [6] is that: ‘A complete list of component parts
of hydraulic systems capable of supporting a self excited
oscillation. . .is practically impossible to compile.”” We will
only mention several reported examples of these instabilities,
concentrating on those which are due to the pressure versus
flow system characteristics.

Self-excited oscillations of a check valve with a spring
damper are described in [172]. Experimental studies of a
simplified model were carried out to clarify the cause of in-
stability which was associated with high rates of change of
discharge in the last few degrees of closing. Instabilities have
also been encountered with hydraulic gate seals [173]. In this
case the analysis indicated that there was a dynamic in-
stability, due to a negative damping, which was responsible
for the growth of the oscillations.

Auto-oscillations due to hydraulic turbine penstock valves
at a hydro-electric plant are discussed in [174]. In this paper,
an explanation was given for the instability based on the ratio
between the valve leakage area and the pressure. Situations in
which the area decreases with increasing pressure are
favorable for the growth of auto-oscillations while those in
which the area increases as the pressure increases are not. We
can relate the former condition to a (local) negatively sloping
pressure drop versus flow characteristic for the valve, while
the latter results in a positively sloping curve. We have already
seen, however, (in connection with the pressure drop in-
stabilities in two-phase flow) that a resistance with a negative
slope acts as a negative damping and can result in energy
being fed into the oscillatory motion. This type of hydraulic
instability can therefore be viewed as related to the
mechanism shown in Fig. 51 and described in the section on
pressure drop oscillations. Other references on the general
topic are [175] which gives a discussion of pulsations in the
boiler feed system of a pumping station due to rotating stall in
one of the pumps, [176] which presents graphic descriptions
of some of the consequences of instabilities in power stations,
and [177] which discusses large amplitude low frequency
pulsations which occur in centrifugal pumping systems.

We conclude this section with mention of another type of
system instability. This occurs in plenum-type air cushion
suspensions, such as might be used in marine hovercraft,
which can exhibit self-excited oscillations of the unsprung
mass (cushion) in the suspension system. An experimental and
theoretical investigation of this type of phenomenon is
reported in [178], which also presents discussion on the
assumptions made in using lumped parameter analyses to
model continuous systems. Two causes of the instability were
identified, resulting from dynamic lags in the response of
different system components.

IX Flow Transients and Instabilities in Compound
Pumping Systems (Systems with Pumps in Parallel)

Aside from brief mention of the multichannel instabilities
that occur in two-phase flows, the review up till now has
addressed the instabilities that occur in systems in which there
is only one ‘‘pump’’ (although it could have many stages or
even run on two or three separate shafts). There are, however,
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Fig.59 Compound pumping system with pumps in parallel

many practical situations in which there are two or more
pumping devices in parallel. Under these conditions not only
are there possibilities for instabilities of the types that we have
already discussed, but new problems, associated with the
compound system, can also appear. In particular there can be
severe problems associated with transients, such as startups,
in these kinds of systems.

For definiteness, we can consider the very simple model
pumping system pictured in Fig. 59, but it should be
remembered that systems encountered in process applications,
for example, can be substantially more complicated. Let us
suppose that the two pumps have different pressure rise and
mass flow capabilities. The steady-state operating points of
such a configuration might be as given in Fig. 60 which is
taken from the lucid introduction to this topic given by
Emmons [179]. Curves A and B are the individual curves for
each machine; the dash-dot curve C is the combined. For
system pressure requirement curve 1, the two machines do
better than one, while for the system resistance curve 3 the
capacity of the two machines is actually smaller than that of
the larger machine by itself. Note that although, as we have
drawn it, the smaller machine would be operating with reverse
flow, in general a not very favorable condition, the overall
system operation is stable in that the pump performance
changes smoothly and continuously as the throttle area is
decreased.

Often, however, the situation is such that one or the other
of the pumps has been shut off and is brought on line. To be
specific, let us suppose that we are operating pump A with
pump B off, and B is now brought on line. If the throttle
curve is considered fixed at 3, A’s operating point would
undergo a large transient from a to a’, with operation of B at
point b’. If the demand (flow volume) is considered to be
fixed, then the transient would be to a”. In either case the
result could be that a pump that was running near peak ef-
ficiency undergoes a transient to a region of much less benign
operation.

The difficulties can be compounded if the pump curves
have regions with positive slope, as one can see using the
basically quasi-steady arguments similar to those presented
before. In general it is therefore found that for pumps to
operate satisfactorily in parallel they should have negatively
sloped pressure rise versus flow curves, and they should have
roughly the same percentage reduction in capacity over the
operating range.

The transients just described can be large and can lead to
considerable difficulty. In addition to this excursive behavior,
however, there are also situations in which compound systems
give rise to an oscillatory type of transient.?> An example of
this is described by Ehrich [180], who examined the basic
compound system associated with a branched diffuser
configuration. This is a situation encountered in gas turbine
annular combustors. Each branch of the system has a dif-
fuser, a volume with a mass storage capability, and a
downstream resistance similar to the configuration shown in

231n this context it may be of interest to note that one of the first instabilities
that we discussed, rotating stall, has also been viewed as an instability of (blade
channel) diffusers in parallel [179].
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[180]

Fig. 1 for the simple system. The ‘‘pumping characteristics’’

.of one branch of the system are shown in Fig. 61. A key

feature is that the static pressure recovery in either diffuser
branch is a function of the flow fraction entering that branch.
A small flow fraction will result in low velocity at the branch
discharge and, ideally, high static pressure recovery.
However, this would imply a high diffusion which may not
actually be possible, so that separation could occur. If so, the
pressure recovery characteristic will have its peak at some
intermediate flow fraction as shown by the curve marked
“with real losses’’ in the figure.

The analysis of the branched diffuser system showed that
operation to the left of the maximum is unstable and that, for
the conditions studied, a relaxation type of oscillation would
be set up. For symmetric diffusers this results in the flow
through the combustor shells, i.e., the downstream resistance
varying periodically in an approximately triangular fashion
while the system pressure drop will vary periodically (ap-
proximately as a sawtooth wave) with twice the frequency of
the other parameters. Results of the analysis are shown in Fig.
62 which presents the oscillations in branch inlet and exit flow
and in overall system pressure drop. One point that should be
noted in interpreting these results as well as others in [180] is
that there are no inertial effects considered. These will: (1)
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modify the stability criterion somewhat, moving the point of
instability to the left of the peak, and (2) change the shape of
the oscillations shown for the nonlinear calculations, with the
tendency being to make the waveforms less like the relaxation
oscillation situation.

A further example of flow transients that can arise in
pumping systems in parallel has been documented in [181].
This was a phenomenon that occurred in a dual entry cen-
trifugal compressor, where a large amplitude, sudden flow
shift occurred, accompanied by a substantial pressure change.
The phenomenon is illustrated schematically in Fig. 63, where
the two sides of the impeller, having slightly different
characteristics, are shown. In position A; and 7T, (for Ac-
cessory and Turbine sides, respectively) stable operation
exists, although with some asymmetry. As the overall flow is
reduced, the flow in the turbine side of the impeller (point T,)
reaches the stall line first and ends up at point 7,. The
operating point of the accessory side then falls back to A,,
with an attendant change in flow and pressure rise. The
machine is thus operating in rotating stall on the turbine side
and at a high flow rate on the accessory side. Reference [181]
also cites instances in which the flow at 7, might not be
stable, in which case this side encounters mild surging.

As an illustration of the actual performance of the in-
dividual sides of the impellers, Fig. 64 shows the curves of
pressure ratio versus flow at different speeds for each side of
the machine. The circles are the accessory (A) side and the
triangles the turbine (T) side. It can be seen that in the lower
speed ranges there is the possibility for a large ‘‘flow shift”
even when the accessory side is operating far from stall, One
cure for this type of instability is to reduce the pressure rise in
the stronger side by using an inlet screen until the two sides are
matched. This was tried successfully, although one must be
careful to tailor the screens properly since too much blockage
can cause a mismatch of the two sides in the opposite
direction, with the accessory side now being the stalling
element. In general, however, the best remedy is to match the
two inlets carefully.

Instability in dual entry centrifugal compressors was ap-
parently noted first by Chesire [182] and it still appears to be a
problem in many installations. A recent example of tiis is in
f183]. In this instance a double entry centrifugal fan,
operating near the peak efficiency point, exhibited pulsations
of approximately thirteen percent of the overall fan pressure
rise.

Although there does not appear to be a large amount of
literature covering specific instabilities that occur in complex
pumping systems with parallel pumping elements, it is clear
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that there are many instances in which these can be important.
Piping systems in the process industries, for example, can use
several compressors in parallel. The boiler feed systems
described in [181] and [86] (in which large amplitude
pulsations were encountered) had three multistage centrifugal
pumps in parallel, and exhaust gas systems for power plants
can also have several fans operating in parallel.

To carry out an analysis of such systems one must
dynamically couple the various components. For small
oscillatory perturbations, one method of doing this is to use
the transfer matrix approach that was described in the section
on cavitating inducer stability. This technique has béen used
to analyze hydraulic transients in complex piping systems and
a good treatment of the subject is given in Chapters 12 and 13
of [6]. For predicting large amplitude transients, one must
integrate the equations of motion for the flow in the system
numerically; however, if the stability boundary is what is
desired a linear analysis will suffice. As far as overall results
are concerned, the author cannot make a general statement
about the stability of the complicated pumping systems that
exist in practice, except to note that a very conservative
criterion would be that if none of the components in the
system are dynamically active, i.e., if none of them have a net
outflux of mechanical energy over a complete period, then the
system will be dynamically stable.

X General Comments on the Modeling of Pumping
System Dynamic Behavior

There are several points that should be addressed con-
cerning the type of stability analyses that we have been
discussing. One of these is that in the main we have referred to
these as if they were lumped parameter treatments of the
system dynamics. However this is not necessarily so, and one
could well use a distributed parameter approach if the
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situation warranted it. This is the first point, and one that
should be evident.

A much more serious comment concerns the modeling of
the different active elements in the systems, or, more
precisely, the transient behavior of the active elements that are
responsible for the instability. This seems to be the area of
greatest uncertainty in developing useful prediction models

for stability onset. We can examine several illustrations of-

this, starting with the axial compression system. Consider a
compressor which is undergoing perturbations in mass flow.

* For a given compressor, it appears that the behavior of the
individual blade rows (i.e., the instantaneous loss and turning
characteristics) departs more and more from a quasi-steady
performance as one nears the stall line. At present there is no
way to predict this unsteady response. Thus, models of axial
compressor stability, which break the flow domain into very
small (axial) elements with the hope of obtaining accurate
predictions of high frequency response are not really ap-
propriate since one is actually limited by the knowledge of the
unsteady blade row performance.

Another facet of this unsteady response concerns the
departure from quasi-steady behavior that is associated with
the onset of rotating stall. The time scale that one would
associate with the unsteady response of an individual blade
row is on the order of b/ W, where b is the blade chord and W
is the relative velocity. However, there is a much larger time
scale that characterizes the transformation of an axisym-
metric flow into a severely non-uniform rotating stall pattern.
A representative time scale might now be the disturbance
wavelength (the mean circumference of the machine) divided
by the through flow velocity. Some qualitative support for
this scaling can be given by noting that the change from
unstalled to stalled flow involves the shedding of blade cir-
culation of the same sign over a significant circumferential
extent of the flow annulus. The flow will thus only approach a
“fully developed’’ state when this shed vorticity has been
convected downstream a distance which is on the order of the
disturbance wavelength. These considerations imply that for a
given machine the stall cell growth time might scale with axial
velocity (or, since C, /U is roughly constant at stall, with rotor
speed) and circumference. In one of the few instances in which
data is available this has been found to be the case, as shown
in [16]. The important point is that the response of the overall
flow field is likely to occur on a time scale an order of
magnitude or more longer than the time associated with the
individual blade row response, and the compressor per-
formance (pressure rise, torque) during a transient past the
stall line may therefore be substantially different from the
steady-state or quasi-steady performance. This is a facet of
unsteady response which may be quite important in the ap-
plication of one-dimensional compression system stability
models, but is one that is at present not well understood and
on which there is little data.

This situation is also true in regard to centrifugal com-
pressor systems. We have mentioned in the review that there is
even more uncertainty about the unsteady performance of a
centrifugal stage near the stall line, and that questions of the
relation of instantaneous operating point excursions com-
pared to steady-state characteristics are not resolved. Thus
here again there is a need for more understanding of the active
element performance.

This basic criticism is true for the majority of the systems
that have been mentioned in the review. In some instances (the
area of cavitating turbopumps for example) work has started
on a systematic attack on this problem. However that is only a
beginning, since the work so far is limited to the design flow
condition and to small perturbations, and in many of the
systems of interest one cannot restrict oneself to only these
situations. Even in instances in which one might suspect that
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the response could be truly quasi-steady since the frequencies
are very low, as for example in the case of pressue drop
oscillations during two-phase flow, it is to be emphasized that
the conclusions of the stability analysis will be dependent on
the slopes of the steady-state performance curves and these
can be extremely difficult to predict with the desired accuracy.
For the combustion associated instability also, the principal
difficulties appear to be in obtaining a priori knowledge of
such global aspects of the process as the time constant, or the
relation between heat input and chamber pressure, etc.

The overall comment then is that the problem to be at-
tacked is not ever more refined calculations of pumping
system instability using models of the active elements that are
the same as or minor variations of those that have been used
previously, but rather that the efforts should be on more
detailed understanding of the unsteady performance of these
elements. As stated previously, the models used for unsteady
response of axial compressor blade rows are essentially those
proposed by Emmons et al. [3] and Stenning and Kriebel [88]
twenty-five years ago, and it appears inconsistent to con-
centrate on merely developing better and better models of the
flow field outside the blade rows. Put another way one might
say that present computational capability is such that one
could calculate the dynamic behavior of many complex
systems of interest provided the performance of the different
active elements of the system were known (i.e., compressors,
combustion chambers, sections with two-phase flow).
Whether the techniques used to obtain this information are
numerical or experimental, it seems that future work should
address this general area.

XI Summary and Concluding Remarks

In this survey we have attempted to review the fluid
mechanic phenomena which are associated with instabilities in
different types of pumping sytems. In several of these
systems, such as axial and centrifugal compression systems in
gas turbine engines, the instabilities occur at flow rates which
are less than design, and a key feature of the onset of in-
stability is the occurrence of stall in the compressor. In other
turbomachinery applications, such as cavitating flows in axial
inducers, the instability can occur at the design flow rate of
the pump, and stall is not involved. In still others, such as
two-phase flow pumping systems, the system element that is
responsible for the instability can actually have a pressure
drop across it.

In spite of these diverse circumstances, there are several
basic concepts that are applicable in the analysis and un-
derstanding of the systems that have been described. The first
of these is the distinction between dynamic and static stability.
Information about the former can be obtained from
knowledge of the steady-state pumping and pressure drop
characteristics of the system. Information about dynamic
stability requires, at the least, additional knowledge about
other parameters, such as inertances and capacitances, which
affect the transient system behavior, and it may well
necessitate obtaining knowledge about the dynamic behavior
of the active (instability causing) elements in the system. The
distinction is important since even though, in some instances,
a static stability analysis may be enough to point up potential
difficulties of operation, it is often the dynamic instability
that it is more critical to predict. The physical mechanism
associated with dynamic instability has been seen to be a
“‘negative damping’’ in the system, so that one (or more) of
the components are able to feed energy into the oscillatory
flow which characterizes the instability, Further, it has also
been seen that there are similarities between the overall
transient response of various systems. An important aspect in
several of the systems was the differentiation between the
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local (or component) instability, and the more global system
instability, as exemplified by rotating stall and surge,
respectively, in an axial compression system. In some cases,
however, it was pointed out that the occurrence of the former
can trigger the latter, so that adequate prediction of the
system instability can also involve prediction of the com-
ponent instability.

Last, but by no means least, we can mention.the areas in
which future work has been suggested. Specific topics have
been pointed out in the text, in the various parts of this review
which relate to the different systems. However, as discussed at
length in the preceding section, a strong recommendation has
been made that, in general, future efforts should be focussed
on understanding the dynamic behavior of the active elements
within the various systems. It is the lack of knowledge of this
aspect that often appears to be the limiting feature in
developing improved methods for prediction of system
stability boundaries.
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APPENDIX

Elementary Stability Analyses of Several Pumping Systems

In this appendix we present analyses describing four of the
system instabilities that have been discussed in the paper. The
systems examined are: 1) the ““‘Basic Pumping System’’ shown
in Fig. 1, 2) the ‘‘Idealized Pumping System with a Cavitating
Turbopump”’ shown in Fig. 39, 3) the ‘“Two-Phase Flow
Pumping System’’ shown in Fig. 48, and 4) a Pumping System
with Unsteady Heat Addition.

The analyses have been carried out to show, with a
minimum of algebraic complexity, the basic parameters that
enter into the determination of the system dynamics, as well
as to illustrate in a simple fashion the trends that occur as
these parameters are varied. It is therefore strongly em-
phasized that they should only be regarded (as the title of the
Appendix indicates) as elementary approaches to these
phenomena. More accurate (and more complex) models have
indeed been developed, and these can be found in the
references that are cited in the appropriate sections. It is felt,
however, that the basic analyses presented below are a useful
introductory adjunct to the material presented in the main
body of the text, and that they demonstrate the central
physical concepts that are common to the diverse systems that
have been described.

1) The Basic Pumping System (Compression System)
Shown in Fig. 1. Consider the ‘‘Basic Pumping System”’
represented in Fig. 1 which consists of a pump, a volume with
capacity for transient mass storage, and a throttle, The liquid
that is pumped is taken to be incompressible and the mass of
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gas (air) in the volume to behave isentropically. The transient
pump performance is also taken to be quasi-steady. More
elaborate allowances for unsteady behavior can be found [16],
but this approximation will suffice here. Assuming that the
pump output is significantly larger than the dynamic pressure
based on the through-flow velocity (as is generally true in a
centrifugal pump), the first integral of the momentum
equation between station 0 and station 1 can be written

ac,
at

i
Py,—-P, = SO 0 dx—APp (A-1)
where C, is the axial velocity, AP, is the pump pressure rise
and is a function of pump mass flow, r7,, and x is in the
streamwise direction. Using continuity we can define a length
L such that

1
=AinS dx
0 A(x)

(A-2)

where A4 (x) is the area at different values of x, and 4,, is a
convenient reference area. Thus

L dm,
A"" dt
since the mass flow is the same at all stations from 0 to 1.

A similar equation could be written for the throttle.
However, it is found in practice that, in many throttling
elements, by far the largest part of the pressure drop occurs
due to the quasi-steady throttling characteristics of the device,
i.e., the inertance in the throttle can be neglected. Thus we can
write

P()“‘P1= "‘APP (A'3)

PI‘—PZZAPT (A-4)
where APy is the throttle pressure drop and is a function of
throttle mass flow r1,, which is not necessarily the same as
M, .

In the volume we assume that fluid accelerations are
negligible and the pressure is spatially uniform, although
varying in time. The mass conservation equation for the
volume is

dv,

2t (A-5)

my—my=—p

where V, is the volume of the air in the plenum. Mass con-

servation for the air in the volume is:
d (o,V, 0 (A-6)
dt Pq a) -

These equations, plus the isentropic relation (InP, + yln V,
= constant) for the gas in the plenum, describe the system
behavior.

To find whether the system is stable or unstable we examine
the response to small perturbations for a system operating at a
given mean operating condition. To do this we will represent
the flow quantities as being composed of a mean (time-
independent) part, denoted by an overbar ( ), and a small
perturbation, denoted by §, and only retain quantities of the
first order in 8. Under these conditions we can write the mass
flow as

= m+8m

the pump performance as

S —  [dAP
AP, =AP, +5AP, =AP+ ( dm”)am

(A-T)

etc. In equation (A-7) we have used a Taylor series expansion
about the mean operating point, AP,. The (steady-state) slope
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of the pump characteristic, (dAPp/dm), is taken to be a
known quantity.

If we apply this linearization to the above equations, and
subtract off the mean flow quantities (1, = m, = m; APp =
AP+) we arrive at equations for the perturbation quantities,
oriy, 6my, 6P :

dAP,,> ) L d_.
Sty — —— — o1, — 6P, =0 A-8
< am /0 T A, a T (A-8)
dAP
( " Yorh, — 8P, =0 (A-9)
dm
. . o d
Sty — Bty — — V,— (8P,)=0 A-10
m, n; +P, "dt( ) ( )

where we have used the conditions that P, and P, are con-
stant.

Equations (A-8) to (A-10) are all linear with constant
coefficients. Hence the solutions are of the form e*. For
stability the real part of s must be negative.

Substituting expressions of the form e* for the per-
turbations we find that if there are to be non-trivial solutions
to the resulting system of linear algebraic equations, the
growth rate, s, must satisfy the equation:

, e, L 1 dAPp\T A,
$°+s —— -
Ve Ai <dAP-,—> dr L
dm
(a)
<3A—P,))
dm Ain YPI
e — - Tl 0, (A-1D)
(dAPT> Lv, o»
dm
(b)

For instability either quantity in brackets can be negative.
Condition (b) is the static stability criterion, while condition
(a) is that for dynamic stability. These imply restrictions on
the slope of the pump characteristic. In general the condition
for dynamic stability, bracket (a), is the more critical, and
since throttle slopes are often steep and volumes large, this
may occur very near the peak of the pump characteristic
curve. Bracket (b) represents the static stability criterion
discussed in the Introduction.

Note that we have based this derivation on the liquid

pumping system shown in Figure 1. We can also consider a
compressor (whose pressure rise is small compared to the
ambient level) operating in a gas. In this case the capacity for
mass flow storage in the volume is due to the compressibility
of the flowing medium. The analysis is not changed
materially., The only change in equation (A-11) is that the
density that appears is the air density, so that vP/p is now the
square of the sound speed. We can thus write the equation for
sas

5 l' a? L 1 { (dAPP Ain
s +s — — -~ - )]——
- Va Ain (dAP) dm L
m )
(@)
dm
+wdl- —— =0 (A-12)
<dAP7—>
dm

where w = avA/LV,, the Helmholtz resonator frequency for
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the system. This is the natural frequency of the system and
can be seen to be independent of compressor speed.

Finally note that if one carries out the analysis using non-
dimensional quantities [denoted by tildes ( )] which are
defined by

6= m
- pA in U '
8P AP, AP,
6B,AP,, AP, = , , ,
- 1 1 1
= — olU 2 2 2
t=wt > p 5 oU 3 oU
it is found that equation (A-12) can be written as
(£2)
1 T~
§2+5§ —_ (dAPP> + 1—$ =
B( dAPT> do ( dAPT>
d¢ d¢
(A-13)
where B is the parameter
=Y (A-14
T 2wl 19

defined in the section on axial compressor stability. It can be
seen clearly from this that for given compressor (or pump)
and throttle characteristics, changing the value of B can
considerably alter the damping and hence the system dynamic
response.

2) The Cavitating Turbopump System Shown in Fig.
39. The station numbers are given in the figure. The
equations that describe the system response can be written as
follows:

O A ar
where L, is an effective length of the inlet duct defined as in
1). Since we are again concerned with the behavior of small
perturbations about a mean operating point, we linearize as
before, so that equation (A-15) becomes

L, dém
—op, =—L L
A, dt

The pump performance is now a function of two variables,
the inlet mass flow (/#,) and the absolute pressure level at
inlet, P,. In addition we include the possibility for pressure
changes due to inertance within the pump, i.e., pressure
changes associated with local accelerations within the pump.
Therefore for small perturbations about the given mean,
(constant speed) operating point, the perturbations in pump
performance are given by

(A-15)

(A-16)

AP, dAP,\ . Lp dom,
5P, — 6P =(*>ap +<—.)a -
270 = \p, /O T\ Tam /N T A Tar
(A-17)

The quantities (JAP,/dP,) and (AAP,/drm) are the (known)
slopes of the steady-state, pump performance curves and L p is
the effective length within the pump (i.e., from stations 1 to
2).

The volume of vapor contained within the pump due to
cavitation, V,, is also a function of inlet mass flow and
pressure. Thus the perturbation in this volume is

7= (2o, + (250
““Nop, /T Nam /T

Assuming the vapor and liquid can be taken as in-
compressible, with p,/p < < 1, the linearized mass con-

(A-18)
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servation equation between stations 1 and 2 is:
dasv,
dt

Finally, as in 1), the linearized throttle pressure drop can be_
expressed by

(A-19)

6)7.12—6}7.11 =p

dAaP,
6P2=( me>5m2

As before we can assume that all the perturbations are of
“the form e* and substitute into equations (A-16) through
(A-20). The condition that the resulting system of equations
has a non-trivial solution then results in the following
equation for the growth rate, s:

BEP) Lp

1+( )T .

——]+(5)
(dAPT) am
dm

L, (Wc)
4 \ P,

5A_13p)
om

pA;

dAP;
()
L, / aV.

oy apl)

=0 (A-21)

The quantity (8V,./9P,), the rate of change of vapor volume
with inlet pressure (due to cavitation), is a negative number.
The pump pressure-flow characteristic is also negatively
sloped at the conditions of interest. Therefore the condition
for instability is that the quantity in the first bracket is
negative. This means that for instability

L[y (220, e )
— =1+ +
aVc)< pA; oP, L

o (4ars)

Thus if (—Wc/ dm), which represents the mass flow gain
factor, is large enough the system will be unstable. Although
this analysis is perhaps overly simple, we can note that the
experimental results (as well as more elaborate dynamic pump
models [111]) do show values for mass flow gain factor which
have qualitatively similar behavior, at low frequency, to the
basic description given here. The occurrence of a significant
negative value of (3¥,/dr) in the region of interest is thus in
accord with the actual physical situation.

We can readily see some further implications of this
analysis if we cast the results in nondimensional form.
Therefore let us define the variables

(A-22)

d’r:’h/PUtAl
o APp P APy
APP,P,APTZ > ’
1 1 1
EPUIZ ?PUrZ ‘Z‘PUIZ
I7C=VC/A1LP
o 5Ly
U,
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(A-20) .

Substituting into equation (A-21), and using 8( )/d¢ = 1/2
pU? 3( )/0P we find an equation for the nondimensional

growth rate 5.%*
- (5%)
T 2Ly \ 0,

AP,  Lp
1+ ( + 2]
I: 60 ) Ll

(Lol (L
| (PBPp / (dAP
) ( 34,162/6 < de, ) <2LL_P,)=0 (A-23)

(5)

As the speed is changed, none of the coefficients in the
equation will change. Hence the dimensional natural
frequency should scale as the speed and the stability point
should be independent of speed, in contrast to the results for
the pumping system analyzed in part 1.

Several comments can be made about the conclusions of
this simple stability analysis. First as discussed in the body of
the paper, the frequency scales directly with pump speed for
fixed values of mean flow and cavitation number, and this
appears to be in accord with the experimental results shown in
[108]. Second, it is found that if the curve of pump pressure
rise versus inlet pressure (i.e., cavitation number) has a steep
positive slope, as it will in the region of ‘‘head breakdown,”
this will tend to stabilize the system. This can perhaps be seen
most directly from equation (A-22), and is again in general
accord with the experimental data.

It is also important, however, to note the features of the
phenomenon that are not described adequately within the
scope of this simple model. One of these is the dependence on
frequency of the pump activity parameter and the net energy
flux, as shown in [108] and [116]. Another is seen in the
quantitative prediction of auto-oscillation frequency in [116]
(where the experimental configuration has a pump inertance
much larger than the upstream line inertance). In addition the
fluid mechanics of the inlet line appears to be more complex
than can be described by a simple one-dimensional model. In
summary, it is again to be remarked that the analysis here is
deliberately simplified to focus on the central features of the
phenomenon and to show the overall trends, and should not
therefore be expected to model all the aspects of auto-
oscillation in a quantitative manner,

3) Pressure Drop Instabilities in Two-Phase Flows. We
consider the system shown in Fig. 48 in which a liquid is
pumped through a heated section, of constant heat flux. The
station locations are also given in the figure. The liquid is
subcooled at inlet, but can be of significant quality at exit.
The steady-state pressure drop across the heated section plus
the throttle, P, — Ps, is denoted by AP, and is a function of
the mass flow to this section. Again we assume that the
transient pressure drop characteristic can be modeled by a
quasi-steady part plus a term which accounts for the inertia of
the fluid in the section between 2 and 3. Thus

(A-24)

where the subscript H refers to the overall element between 2
and 3 and A4 is a reference area, say the area at inlet to the
heated section. As in 1) and 2) we consider small per-
turbations about a mean operating point, linearize, and

24 {s the cavitation number, ¢ = (Py—=P,) /(12 pU,Z)
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subtract out the mean quantities to obtain an expression in
terms of the perturbation quantities:
Ly dém,

dAPH)
oMy +
T T a

5P = (2
dm )

In deriving this we have taken station 3 to refer to a down-

stream reservoir at constant pressure so that 6P, = 0.

In a similar manner we can write the linearized equation for
the pressure perturbation at station 1 in terms of the pump
pressure rise curve, which represents the ‘‘external’’ pressure
difference imposed on the heated section. Neglecting the
inertia of the fluid in the pump lines we have:

dAPp
oP, =( - )5' ,
2 dn ",y

where we have used the condition that there are negligible
fluid accelerations within the compliant volume chamber to
set P, = P,.

The difference between the mass flows at station 1 and 2 is
related to the rate of change of mass in the volume. If V, is
the compliant volume we have (with p, /0 < <1)

v,
dt

where p is the density of the liquid. The perturbations in
volume can be related to those in pressure by

6V—(dV) 5P,
¢~ \ap /.72

where we will not at this point specify the precise nature of the
relationship between P and V in the compliant volume. (The
subscript ¢ is used to denote conditions at the state of the gas
in V,.) This relation can be substituted into equation (A-27) to
yield:

(A-25)

(A-26)

(A-27)

6”21 —6m2= - p0

(A-28)

dv ) dsP, (A29)

darP dt

There are now three equations in three unknowns, and we can
again take the perturbations to be of the form e %, substitute
into (A-25), (A-26), and (A-29), and use the condition for a
nontrivial solution to exist to derive an expression for the
growth rate, s. This is:

oy — dnity = —p(

A 1
2 +s (dsiH)%+p(de)<ﬂ)
z(i:; dP /¢
A : (dde) -1 =0 (A-30)
)
(b)

It is again useful to look at the individual bracketed terms.
The condition for the system to be unstable is that either of
the two square bracketed terms is negative. (In examining
this, however, it is to be noted that (dV/dP), will be
negative.) Bracket (b) represents static instability. This is just
the Ledinegg criterion of having the heated section pressure
drop characteristic more steeply sloped negatively than the
external (pump) pressure rise characteristic. It is not
dependent on system volumes, lengths, etc. The other term (a)
represents the dynamic instability mechanism discussed with
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reference to Fig. 50. It can be seen that for given heated
section and external (pump) characteristic curves there is now
an influence of other system parameters. In particular, if we
make the (somewhat sweeping) approximation that the
behavior of the compliant volume can be represented by an
isentropic process so that In P + yIn V = const., we can write
the equation for s as:

s | (BEn) A _ P :

dam / Ly oV, (dAPp>

\ dm
(%)

5 drit

AP am T (A-31)

Ly V. (dAPP>

dm

It can be seen from (A-31) that an increase in the compliant
volume will be destabilizing whereas an increase in the overall
pressure, or more precisely a decrease in the system com-
pressibility, will be stabilizing. It can also be seen that in-
creasing the throttling will be stabilizing, although, as stated
in the paper, if the actual system has a compliant volume
downstream of the throttle, this will be ineffective. (In ad-
dition, although one might tend to infer that increasing Ly is
stabilizing, as emphasized above the conclusions reached with
this simple model should not be pushed too far. As discussed
in [124], an increased length in the actual situation can also
result in an increased system compressibility as well and this
can have the opposite effect.)

Two limiting cases can be mentioned with regard to
equation (A-31). A constant flow system, with (dAPp/dr) =
oo, is always statically stable but will be dynamically unstable
at the minimum of the pressure drop versus flow curve,
whereas a constant pressure drop system, with (dAPp/dr1) =
0, cannot exhibit dynamic instability, although it will be
statically unstable at the minimum.

4) Effect of Unsteady Heat Input on Pumping System
Stability. We consider a system somewhat similar to that
shown in Fig. 1. However we now have a gas, rather than a
liquid, as the working fluid. There is a compressor, a plenum
in which heat is added to the fluid in a time varying manner,
and a downstream throttle. In modeling the effect of this
unsteady heat transfer on system stability, we will, for
simplicity, restrict attention to the case where the heat transfer
can be regarded as a perturbation only, denoted by 6Q. We
also limit the situations examined to cases where the com-
pressor pressure and temperature rises are small compared to
the ambient values, and where we have low Mach number in
the compressor and throttle ducts and low frequency
oscillations. Under these conditions the first integral of the
momentum equation which relates perturbations in com-
pressor duct mass flow and plenum pressure is

iy Lo (R
A dt dm

The equation for the pressure drop across the throttle

similarly becomes
dAP;\ .
oP, = ( )6
! dm "2

(A-32)

(A-33)

To link these we use the First Law applied to a control volume
coincident with the plenum. The perturbation form of this is

—[Cpérity Ty, + C,prit 8T, 1+ C, ity T,

- d
+Cpy8Tr, = = V= (1 C,T1) +0Q (A-34)
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Under the conditions described above this can be ap-
proximated as

. . 8Q' V4P
R

Since we are interested in showing the effect of an unsteady
heat input which is in phase with the pressure perturbations,
we now take the perturbations in heat input to be of the form

8Q’ = udP, (A-36)
where p is a (dimensional) positive constant.
Substituting in equation (A-35) we obtain
. . uoP, V dP,
Sy — My = ——= — —— —— A-37
"M E T T ORT at 437

Equations (A-33), (A-35) and (A-37) are the equations
describing the dynamic behavior of the system. To investigate
stability we again take the perturbations to be of the form e ™
and substitute in these three equations to obtain one equation
for the growth rate, s. This is

2550’ = 60 — MCpiTT,

242/ Vol. 103, JUNE 1981

(A-35)

+ - 2
L V(dAI_JT> | 4
dam

(dA—PC) (dAPc

P A dm dm
— 1l ——— 4y =0 (A-38)
Ly (dAP ) C,T

d

It can be seen that the conditions for instability are altered
from the case for no heat input. In particular, if the heat
addition is intense enough, i.e., if u is large enough, there is
the possibility for instability.

Note that if we had restricted attention to the situation in
which the system were a closed resonator such that rz, = 0,
and there were no compressor in the duct connecting the
plenum with the atmosphere [(dAP,/dm) = 0], the equation
for s would reduce to

, (y=Dp a4
2 — S =
|4 LV
This shows immediately that, in this simpler case, an unsteady

heat input in phase with the pressure perturbation will lead to
instability, as stated in the criterion due to Rayleigh.

0 (A-39)
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REVIEW: Turbulent Developing

A. Klein

Motoren- und Turbinen-Union,
Munchen GmbH, D8000
Miinchen, Germany

Pipe Flow

Experimental results on turbulent developing pipe flow are reviewed. Upstream
conditions are shown to have a large effect, in particular on the development of the

velocity profile. It is demonstrated also that the blockage factor, when plotted
against the Reynolds number defined with flow distance, is the parameter best
suited to indicate the onset and termination of transition.

Introduction

Until recently, flow development in pipes was believed to be
solely determined by a flat-plate like growth of the wall-
boundary layers. Therefore, the peakiness of the velocity
profile, defined as the ratio between the maximum value and
the spatial mean, was thought to increase gradually until the
boundary layers meet at the pipe centerline. According to
measurements quoted’ by Schlichting [1] this appeared to
occur in turbulent flow after 25 to 100 pipe diameters, the
exact length depending on the Reynolds number. Thereafter
the flow was considered fully developed, that is, the flow
properties were thought to have become independent of inlet
conditions and to remain unchanged as the flow proceeded
further down the pipe. In fact, however, developing pipe flow
is much more complex. Bradley (quoted in [2]) appears to be
the first who discovered that velocity profile peakiness may
reach a maximum, which he found at about 40 pipe
diameters, and then decrease again. Weir, Priest, and Sharan
[3] also obtained a maximum core velocity at 40 pipe
diameters, while gradual velocity increases along the pipe
were measured by Deissler [4] and Sale [5]. The latter type of
velocity distribution was produced in [3] also, when a trip ring
was inserted at the pipe entrance (see also Shdran [6]). Thus it
was shown that a change of inlet conditions may create
substantial differences in flow development. To investigate
this observation further, all the experimental results on
turbulent velocity-profile development in pipes known to the
author are reviewed. Since the performance of diffusers
depends on the flow conditions at the ends of their entrance
pipes, the present work is a necessary first step towards the
comparison of diffuser data presented in the same issue of this
Journal [7].

Turbulent Pipe Flow

The measure of flow development used in this review is
Sovran and Klomp’s [8] blockage factor which is defined by
the ratio of the axisymmetric displacement thickness §,,, to
pipe radius R or of the ratio of the centerline velocity u, to the
spatial mean velocity # (the bulk velocity)

28,4 u

=1-—, M

B
R . u

c
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where

=l () &)

— = 1-—)—dl—). 2

R 0 u./ R R &
Some researchers used a two-dimensionally defined
displacement thickness

o [ (- ui)d(%> 3)

In these cases the blockage factor was calculated from

B= 261two _ ( ‘Sltwo ) 2 . (4)
R R

In Fig. 1 the blockage factor has been plotted against
normalized pipe length for all those cases where these
distributions exhibit a maximum. The entry conditions of the
various experiments, as far as they are known, also are given.
In addition to Reynolds number Re,, = @# D/» and centerline
turbulence intensity Tu,, the caption to the figure includes
such details as the area ratio of the contraction upstream.

It can be seen immediately that all the maxima of the
distributions are located at x/D = 35 to 40. The results of
Bradley (see [2]) and Miller [9] (for the lower of the two
Reynolds numbers) very well confirm those of Barbin and
Jones [10], which are usually considered ‘‘classic’’, since a
false datum (nonzero displacement thickness at inlet) and
disturbances in the wall region were avoided by a boundary-
layer bleed, while laminar-turbulent transition phenomena
were excluded by use of a small contraction ratio and a sand-
grain trip. Larger Reynolds numbers are seen to produce
lower peak values and smaller Reynolds numbers higher peak
values: B,,, = 0.155 for Re, = 13+10° (Miller [9}) and 0.215
for Rep, = 1.8+10° (Cockrell and Markland [11]). Beyond
their maxima the curves show different amounts and locations
of “‘undershoot’’ compared with the fully developed values.
This waviness is due to the adjustment of the shear stress in
the central region, an extremely complicated process since
shear stresses of any direction exist (see Bradshaw [12}).
Nevertheless, there is good agreement between the Re, =
4+10° curve from [3] (full triangles in Fig. 1) and the single
data points due to Bradley and Cockrell [13] and to Patel [14].

Figure 1 also contains the classical fully developed flow
data of Nikuradse [15]' for four Reynolds numbers. They are

INote that Schlichting’s [1] power law presentation of the Nikuradse data
results in somewhat higher blockage factors.
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shown as asymptotic values for very long pipes, although they
were obtained with x/D = 100 (for Re, = 1.0.10%), x/D =
120 (for Rep, = 2.0.10° and 4.0-10%) and x/D = 70.5 (for
Re, = i110%). The last pipe length appears to be rather
short for full flow development to occur, but Nikuradse
reports that tests with x/D = 40, 65 and 100, conducted at
Rep = 9.0010°, showed exactly the same velocity profile.

From Fig. 1 one may deduce that his data are indeed
representative of fully developed conditions.

Figure ! exhibits one more interesting feature. It reproduces
two curves from [3], obtained at approximately the same

_Reynolds number in the same test facility with the only

distinguishing feature that the blockage factors were
calculated from &,,/D in one case (full triangles) and from

0,22
s I l I
/+ A 5
B / )\\‘ [14],ReD=3‘10\
018 / e N
A L
0,16 b = i 2
| /8N == P
0% / N —
' /A \\;'\, /—
LN
012 / //
0,10 ///
0,08 Vﬂl Nikuradse [15]:
/ Rep=1,0-10°
0,061 7 Ren= S
[13),Re =22 105 ¢p= 20100
0.04 ] 1 | Re D= 4,0 10
- R Rep=11 - 105
0,02 ™ Barbin and Jones (10]
0 10 20 30 40 50 60 70 80 9% 00 10 120 yx/p 40
Fig. 1 Development of the velocity profile with nondimensional
distance from inlet: cases where the blockage-factor distribution has a
maximum
-5
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DU Res Rep | mee 2] | U |25 i remars
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Nomenclature
ks = height of equivalent sand u = velocity, u, value at pipe
B blockage factor (see roughness centerline
equation (1)) Rep,Re, = Reynolds number, based u bulk velocity
D=2 R = pipe diameter on # and on D or x, X coordinate along pipe
H,, boundary-layer shape respectively axis, x = 0 at pipe entry
factor, ratio between the r = coordinate in the radial S1ax axisymmetric boundary-
axisymmetric boundary- direction layer displacement thick-
layer displacement and Tu = turbulence intensity in ness (see equation (2))
momentum thickness the axial direction, Tu, v kinematic viscosity of
h height of trip ring value at pipe centerline fluid -
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u/u, in the other case (open triangles). The discrepancy is
considerable, although both procedures should of course
produce identical results. It may be due to marked asym-
metries of the turbulence distribution at the inlet which were
noted in these experiments, although the velocity distribution
at the inlet was symmetrical (see [6]). But a more general
explanation can be deduced from an investigation recently
conducted by Pozzorini [16]. Air was sucked through filter
mats into a chamber of square cross section, through a
bellmouth, a settling length with turbulence screens, and
through a carefully shaped 16:1-contraction with a trip close
to its outlet optimized so that the boundary layer was com-
pletely turbulent around the entire circumference. The
peripheral total-head distribution within the boundary layer
of a pipe attached to the contraction exhibited the four
corners of the chamber. When the chamber (whose filter mats
acted as flow straighteners) was omitted, the data showed a
large scatter, because damping of the entry vortex was in-
complete owing to screen instabilities. The disturbances were
particularly great when the screens also were removed so that
the intermittent entry vortex could pass without being
disturbed. All these macroscopic flow irregularities were
avoided when the square chamber was replaced by an
axisymmetric one into which the flow entered axially through
a round filter plate. However, this gave rise to a new
phenomenon, a fine transverse structure of the boundary
layer (circumferential dynamic-head changes) in the con-
traction which was magnified by the tripping device and
persisted along the entire length of pipe (20 diameters).
Consequently, the boundary layer displayed a waviness at the
circumference with departures of its thickness of 25 percent
and of the wall shear stress of 10 percent from their mean
values. The type of modulation changed when the screen
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configuration was altered, but it never vanished. As in the
tests employing the square chamber, disturbances were
confined entirely to the boundary layer.

These experiments clearly demonstrate the extreme sen-
sitivity of developing pipe flow to upstream conditions. They
also show that a truly axisymmetric pipe flow does not exist.
Hence determination of the blockage from #/u, (where @ is
derived from the flow rate) will generally be more accurate
than from &,,/D, especially if the latter is calculated from
measurements in a single plane only.

The cases where profile peakiness does not exhibit a
maximum as the flow proceeds along the pipe, depicted in
Fig. 2, show the same amount of diversification as the curves
in Fig. 1. Of particular interest are the measurements
downstream of a trip ring, reported in [3] and [6], which
differ substantially from those for natural flow development
made by the same researchers. Shdran [6] attributed this to
differences in turbulence structure. In the naturally
developing flow, he noted, in conjunction with Barbin and
Jones [10], that the turbulence energy in the boundary layer is
dissipated in the axial direction rather than being convected
radially outward. Contrary to this, the trip ring produced
large eddies of high intensity close to the wall, which con-
vected turbulence energy outward at a high rate. It appears to
be the radial momentum transfer thus created which is
responsible for the flow to develop at a much slower rate
initially than an undisturbed flow and for the centerline
velocity not to attain a maximum. The high development rate
obtained by Liepe and Jahn {17] behind a screen ring (see the
data point in Fig. 1) may be due to particularly small eddies
thus produced.

The phenomenon can be also analyzed from Bradshaw’s
[18] explanation for the peak in naturally developing flow.
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Fig. 3 Development of centerline turbulence intensity with non-
dimensional distance from inlet
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When the wall boundary layers meet, the radial shear-stress
distribution in either of them is very similar to that of a flat-
plate boundary layer. Because of the type of curvature of this
distribution, the shear-stress gradient over most of the central
portion exceeds that of fully developed pipe flow, in which the
shear stress changes linearly with the radius. As a con-
sequence, the flow in the central region is accelerated. Thus
the absence of a maximum centerline velocity in the trip-ring
tests suggests that the core-shear-stress gradient at boundary-
layer merger must have been smaller than in fully developed
flow. According to Sharan’s measurements this indeed is true,
while near the wall the shear-stress gradient was greater than
in fully developed flow. Although shear-stress and turbulence
are related to each other, the former provides a deeper insight,
because its slow adjustment in the central portion is
responsible for the long distances required for velocity-profile
development. In the wall region the adjustment rates of
naturally developing flow are very much faster; the wall shear
stress reaches its fully developed value after 8 to 15 pipe
diameters (results according to [6] and [10]), the pressure
gradient after about 10 diameters [10].

Apparently, roughness has a similar effect as a trip ring
[19], Fig. 2, with higher blockage factors at large distances
(see the value of B = 0.20 at x/D = 96, from [13]). However,
this would not appear to explain Deissler’s [4] measurements
made downstream of a bellmouth entry and Sale’s {5] behind
a well designed 20:1 contraction. The curves obtained by these
two researchers are surprisingly similar. Sale incorporated a
long 5 deg conical diffuser upstream of the contraction, and
this could be the cause of the shape of his curve. On the other
hand Sale reports that his pipe had crude joints between its
sections, and this roughness could also account for the lack of
“‘overshoot.”” Deissler’s set-up employed a settling length
upstream of the bellmouth, preceded by an orifice, a filter and
control valves. It is possible that the settling length was too
short to fully eliminate the disturbances created upstream. It
is interesting to note that the distributions obtained when the
bellmouth was replaced by a square-edged entry are very
similar to the curves in Fig. 1 and therefore have been in-
cluded here instead of in Fig. 2.

Turbulence data for developing pipe flow would be of great
help for a better understanding of the phenomena involved.
Such data are scarce, however. The development of Tu, along
a pipe downstream of a 16:1 contraction was measured in [3]
and compared with Sale’s and Barbin and Jones’s data. These
and a few additional results are reproduced in Fig. 3. In three
of these cases Tu, remains fairly constant to about 15 to 25
diameters, then rises steeply, has a peak at x/D = 40 to 45 (at
approximately the same location where the centerline velocity

has a maximum), and then falls very slowly towards its fully
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developed value far downstream. This is in line with Barbin

and Jones’s observation of centerline intermittency starting at

x/D = 25 and boundary-layer merger at about x/D = 28.
Sale’s distribution is completely different, having its

_steepest gradient right at the pipe entry and having no

overshoot. This could be due to the crude pipe joints, but also
to the particular entry conditions: obviously the boundary

layer had already joined at the diffuser exit and therefore

turbulence was high in the entire cross section at this point?.
Sprenger’s [20] results, also obtained behind a contraction
preceded by a diffuser, indicate the same trend as Sale’s.

Laufer’s [21] experiments, for a long time believed to be
representative of fully developed flow, employed far too short
a pipe (x/D = 50). Patel [14], who was the first to mention
this, did not obtain fully developed turbulence conditions
even after 142 pipe diameters. Tu, increased by nearly 10
percent when a bleed upstream of the pipe was opened,
probably owing to sound waves transmitted from there. In
Shérdn’s [6] trip-ring experiments Tu at the center exceeded
the values for natural flow development within the first 30
diameters, but close to the wall for only 15 diameters. On the
other hand, at x/D = 65 Tu differed only slightly at the
center, while close to the wall it was still lower than in
naturally developing flow even at x/D = 140.

It is also worth mentioning that in the experiments without
a trip ring in [3] and [6], an increase of free-stream turbulence
intensity had no apparent effect on velocity-profile
development at Rep, = 4010° (see Fig. 1), in agreement with
tests reported in [14], but it did have an effect at Rep, =
1-10%, a result confirmed by Lee and Goel [22]. This is due to
the transitional behavior of the boundary layer, which is also
the reason for the abrupt changes in slope at small values of
x/D displayed by some of the curves in Fig. 4. Some other
distributions also show changes in slope at larger values of
x/D where, with the high Reynolds numbers used, the flow
must have been turbulent: Sprenger’s [20] between x/d=11
and 17, that of Jeng-Song-Wang and Tullis [19] between x/D
~7 and 10, Sale’s [5] at x/D=12 and Deissler’s [4] at
x/D=20 (Fig. 2). The reason remains unknown, but it is
interesting to note that these are the cases where no overshoot
of the centerline velocity occurs in the absence of trip rings, in
spite of well-rounded, large-area-ratio contractions being
fitted ahead of the pipe inlets.

Laminar-turbulent Transition

Some of the differences depicted in Figs. 1 and 2 are due to
laminar-turbulent transition. This can be seen more clearly in
Fig. 4 with its enlarged x/D-scale where, in addition to curves
from Figs. 1 and 2, results of researchers who tested only
short pipes have been included. Most distributions, when
extrapolated to x/D = 0, would have a negative value of B
(for example that of Robertson and Ross [23]). Since B must
remain positive, the slopes must change drastically at small
values of x/D, indicating a significantly reduced development
rate due to laminar flow in the initial portion of the pipes. In
fact, these curves have a pronounced kink, as is verified by the
results of Sprenger [20] and of Miiller [24]. The extent of
laminar or transitional flow portions depends primarily on
the Reynolds number, but also on upstream conditions; in
particular, on the contraction ratio which determines the
degree of relaminarization of an initially turbulent boundary
layer. Contraction shape and length are of importance as well
as the presence or absence of screens which, in addition to
affecting turbulence, may determine whether separation
occurs in the contraction and thus affect the turbulence

2Note that Tu, = 1 percent was measured at the pipe entrance, which is an
extremely large value for a 20:1 contraction.
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structure at its outlet (see Klein, Ramjee and Venkataramani
[25D).

A thorough experimental investigation of transitional
developing pipe flow was conducted by Sprenger [20]. It
appears that these results have not been sufficiently ap-
preciated, probably because Sprenger presented them only in
tables and not graphically. Therefore they have been plotted
in a comprehensive form and are depicted in Figs. 5-8. While
various types of trips for initiating transition were used in the
investigations described so far, the discussion related to Figs.

Journal of Fluids Engineering

slope being smaller for turbulent flow. Respective laminar-
and turbulent-flow lines are joined by a curve representing the
transitional flow regime, which makes a pronounced kink
with the former and converges smoothly with the latter. The
locations of the kinks have been included in Fig. 5 (flagged
symbols) and are seen to coincide very well with the changes in
slope observed there. For all pipe lengths they occur at the
same value, Re, =6+10° (Fig. 7), the lower critical Reynolds
number. The upper critical Reynolds number (where the
transitional curves become tangential to the turbulent-flow
lines) has also one fixed value, Re, = 1.8510% 4, for all the
pipe lengths. In terms of pipe-Reynolds number, the begin-
ning of the turbulent regime thus ranges from Re, = 1.1.10°
for x/D = 16.85to Rep = 2.2+10° for x/D = 0.85.

Cross reference between Fig. 7 and Fig. 8 is facilitated by
numbers which mark corresponding points. It can be seen

3 This is not surprising because this friction factor varies with the same power
of Reynolds number as the displacement thickness.

4 This value was determined from a plot on a larger scale than Fig, 7.
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from the shape-factor distributions that neither the lower nor
the upper critical Reynolds number can be deduced. One
could argue that determination of the latter from Fig. 7 was
inaccurate and that it must be assumed to be as low as
Re, = 1.0+ 109, where the shape-factor curves, after their steep
fall, become nearly horizontal. However, this is very unlikely
for the following reason: Sprenger tested a diffuser over a
range of Reynolds numbers downstream of various entrance
pipes. When plotted against blockage factor, all the non-
dimensional pressure recoveries for turbulent approach flow
formed a single curve, while recoveries for nonturbulent flow
departed from this curve. Now, for conditions corresponding
to points 17 and 21, which in Fig. 8 mark the end of the fall of
H,,, the pressure recoveries still indicate a nonturbulent
approach flow (see Fig. 10 of [7]), but turbulent flow for
points 18 and 22, which are close to the upper critical
Reynolds number, Re, = 1.85¢10%. This is even more ob-
vious in the tests where a trip ring was fitted 1.5 diameters
upstream. Here the blockage factor changes smoothly with
Re,. The lower critical Reynolds number is reduced to
Re, =1¢10°, The upper critical Reynolds number is not
clearly determined, but according to Fig. 10 in [7] it must be
Re, =6-10°, because only then does diffuser performance
correspond to turbulent flow (see points G and H). A much
lower limit for the termination of the transitional regime
would follow from the shape factor if the end of its steep fall
is regarded as a valid criterion (point D in Fig. 8).

We must deduce that with the nonequilibrium boundary
layers produced by contractions upstream, the displacement
thickness or blockage factor reflects the peculiarities of
transitional developing pipe flow far better than the shape
factor H;, or the momentum thickness. The two latter
parameters are obviously more affected by differences in
contraction geometry and by other upstream conditions. This
can be seen when comparing Sprenger’s [20] and Muiller’s [24]
results for Rep~1.8-10°: While within the first five
diameters of flow development the blockage factors are nearly
identical (Fig. 4), the shape factors are entirely different (Fig.
6). Consequently, for diffusers with entrance pipes, the
blockage factor is a more reasonable parameter than
momentum thickness for describing inlet conditions.

Lee and Goel [22] also investigated transitional developing
pipe flow. They found a strong reduction of both the lower
and the upper critical Reynolds number as the free-stream
turbulence intensity was increased. Both these quantities had
lower values, and the pipe lengths required for the occurrence
of transition were much shorter, than in Sprenger’s tests.
With Sprenger’s turbulence level Tu. = 0.45 percent, their

lower critical Reynolds number was Re, = 1-10° compared
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with 6103, the critical pipe length was x/D = 2.6 compared
with 13. These differences are due to the fact that Lee and
Goel did not derive the critical values from the blockage
factor, but from a plot of the friction factor against x/D5.
One must conclude that not only does turbulent flow develop
more quickly, but also that the beginning and end of tran-
sition occur much earlier at the wall region than at the central
region. This has an analogy in the fully developed pipe flow
tests of Patel and Head [26], where the upper critical
Reynolds number was about four times higher when deter-
mined from blockage than when obtained from skin friction,
a result confirmed in [27]. Since, as was shown, Sprenger’s
diffuser data correlate very well with the critical quantities
derived from the blockage factor, the definition of critical
quantities by blockage is more reasonable than use of the
friction factor.

Conclusions
The conclusions from this review are as follows:

1 The development of both the velocity profile and tur-
bulence in turbulent pipe flow depends largely on upstream
flow history. Undisturbed entry flow generates a maximum in

5 Velocity-profile development was not presented in [22].
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profile-peakiness at about 40 pipe-diameters, while certain
types of initial disturbances produce a smooth profile
development without such a maximum.

2 The distance required for full flow development may
exceed 140 pipe diameters. Some of the classical
measurements of fully developed pipe flow were in fact
conducted at conditions when the flow was still developing.

3 The beginning and termination of laminar-turbulent
transition is determined most reasonably from a plot of the
blockage factor against Reynolds number defined with flow
distance. For this, the momentum thickness or the shape
factor are unsuitable parameters.

4 The effects of inlet conditions on flow development are
not yet sufficiently understood.

Note

One of the reviewers pointed out three papers to the author
which have been added to the list of references.

Walklate et al. [30] present blockage factors for Re, =
2.25.10° to x/D = 30 which nearly coincide with those ac-
cording to Bradley [2], shown in Fig. 1. Turbulence intensities
from [30] agree well with the values according to [3] and [10]
in Fig. 3.

Reichert and Azad [31] present velocity profile develop-
ment to x/D = 67 for two Reynolds numbers, Re, =
0.76+10% and 1.53.10°. They used a 89:1 contraction cone
and a 0.5-D long sandpaper trip at the pipe entry. Owing to
this sandpaper, the initial boundary layer was extremely thick
(B = 0.08 at x/D = 2). Apart from this, their blockage factor
distributions are very similar to those of [3] and [11] shown in
Fig. 1. They have marked peaks at x/D = 32 and minima at
x/D=60.

Laws et al. [32] present some evidence for an oscillatory
development of pipe flow which has not been reported before.
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REVIEW: Effects of Inlet
Conditions on Conical-Diffuser

A. Klein

Motoren- und Turbinen-Union
Miinchen GmbH,
D 8000 Miinchen, Germany

Performance

The available experimental evidence of the effects of inlet conditions on the per-

Jormance of conical diffusers with a free discharge is reviewed. The effects of inlet

boundary layer thickness blockage,

inlet shape parameter, turbulence, and

Reynolds number are discussed. It is shown that many of the inconsistencies be-
tween different sources of data are the result of nonturbulent approach flows.
Graphs are presented as guidelines for diffuser design.

Introduction

Peters [1] was probably the first to demonstrate that dif-
fuser performance greatly depends on inlet conditions. This is
particularly true of diffusers with a free discharge since the
distortion of the outlet profile, and hence its excess kinetic
energy, increases with that of the inlet profile. Peters’ results
have been qualitatively confirmed by Robertson and Ross [2],
Cockrell and Markland [3, 4] and others.

Sovran and Klomp [5] showed that blockage is the main
parameter representing turbulent-inlet-flow conditions (see
also Reneau et al. [6]). To which extent the blockage factor,
defined in [5], represents inlet conditions for approach pipes,
or distortions created otherwise, remains an unsolved
problem. Experiments with screen rings by Cockrell et al. [7]
and by Winternitz and Ramsay [8] led to contradicting
conclusions. Bradley and Cockrell [9] as well as Sharan [10]
showed that artificial changes of the inlet turbulence intensity
markedly affected diffuser performance, while Sajben et al.
[11] concluded exactly the opposite. Bradshaw [12]
demonstrated that long entrance pipes create larger pressure
recoveries than shorter ones and ascribed this to changes in
turbulence structure. This was confirmed by Cockrell [13],
but conflicting evidence exists also.

The curves from different sources showing diffuser per-
formance against blockage factor also reveal discrepancies:
some of these curves fall continuously with increasing
blockage [1], others drop sharply initially and then remain
constant over a large range (for example, Miller [14]), and
again others decrease at a low rate even with small blockages
[2]. In addition, a comparison of results is complicated by the
variety of definitions of diffuser performance used.

This review of experimental conical-diffuser research has
been conducted to clarify this confusing picture. It is
restricted to diffusers with a free discharge with nonswirling
inlet flows where compressibility and artificially created
distortions are essentially absent.

Contributed by the Fluids Engineering Division for publication in the
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General Remarks

Developing pipe flow significantly depends on upstream
flow conditions (see Klein [15]). A striking example of the
even higher sensitivity of diffuser flow to upstream flow
history was reported by Sprenger [16]: a perfectly uniform
flow was produced at the exit of a contraction, but when a
diffuser was attached, lines of constant kinetic energy in its
outlet plane showed an octagonal pattern due to the cross
section shape of a duct far upstream. Pozzorini [17]
demonstrated the impossibility of producing a genuinely
axisymmetric flow in a conical diffuser. These observations
show that differences may be expected when comparing
diffuser results from different sources.

Another difficulty is the various forms by which diffuser
performance and entry conditions (if at all) have been
described. We will use the pressure-rise coefficient, which
represents best the performance of diffusers with a free
discharge:

Psout —-P

C,= p—-— . )
Actually C,min , which includes the parameter
1 Ajn u 3 2
in =™ ~; - dAin
Sin AinSO (ﬁ)in @

in the denominator, is a more correct definition. However, oy,
=~ 1 for the types of flow considered. Besides, o, was not
recorded by most researchers. For describing entry conditions
we will use the shape factor H,, = §,,,/6,,, and the blockage
factor

6lax u

=1-—, ©)
in U

B=2

which was introduced in [5]. The blockage factor was shown
in [15] to be indeed superior to the momentum thickness (also
employed by some researchers) for use as a parameter of
influence.
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The results of about thirty publications have been
correlated in the preparation of this paper. In addition, the
unpublished data of diffuser research conducted under the
direction of the author at the Indian Institute of Technology
(I.1.T.), Madras, have been included.

The following corrections and assumptions have been
made:

Absolutely correct static pressures at the diffuser inlet were
used only in [1, 2, 14, 18, and 19]. Since static pressures
usually were recorded by wall taps and researchers wished to
avoid errors due to the entrance-corner effect, the static
pressures often were measured too far upstream of the entry.
In such cases, the pressures have been corrected in this review
to allow for frictional drop. The pressure rises given by

McDonald and Fox [20] were reduced to the form of equation -

(1) by assuming B;, = 0.034, stated in [21].

In [1, 12 and 22] only the approach lengths are cited, and
not the blockages. In the present paper, the correlations of
[15] have been applied for the results of [12] and [22], whereas
the correlations of [3] and [4] have been applied for Peters [1].
For the unspecified ‘‘thin-boundary-layer’’ arrangements of
[14] and [23], respectively, B;, = 0.015 and 0.020 were chosen
from the contraction tests of Klein et al. [24] and Muiller [25].
Sovran and Klomp’s [5] performance map, derived from [4],

was assumed to apply to B, = 0.025 (derived from cross-
plotting the data of [3, 4]) rather than 0.020 (the value given in
[5D.

Only results obtained at entry Mach numbers up to 0.2 have
been used without change; otherwise a compressibility
correction has been made. The performances measured by
Rippl [26] have been discarded since Rippl’s measurements
were conducted at a variety of unspecified Mach numbers and
the blockage is unknown.

Optimum Geometries

Various researchers derived optimum area-ratio length
correlations for a given AR or L/R;,. The correlations with
AR are insensitive to entrance conditions. Sovran and Klomp
[5]1 found similar insensitivity for L/R,, also. Figure 1!
shows, however, that these optimum geometries in fact
change with blockage: the value of optimum AR for a given
L/R,, decreases with increasing B;,.? According to Fig. 2

LA slash in the upper left quadrant of a symbol here and in what follows
means that the entry flow is known to have been laminar.

2Exce:ptions to this rule appear to be the B;;, = 0.03-curve from [19] and the
Bj, = 0.10- and 0.18-curves originally derived in [5]. The importance of these
exceptions, however, should not be rated very high, because in the first case the
entry flow was laminar and in the second the available data were scarce.

Nomenclature
O1ax>02« = axisymmetric boundary-
layer displacement or
A = cross-sectional area P, = static pressure momentum thickness,
AR = diffuser area ratio R;, = radius of diffuser at its respectively
B = blockage factor (see inlet p = fluid density (p-mean
equation (3)) Rep, = Reynolds number, based value in cross section)
C, = pressure-recovery coeff- onuzand D .
icient (see equation (1)) Tu = turbulence intensity in the  Subscripts
D = pipe diameter axial direction ¢ = center (of pipe)
H,, = boundary-layer - shape u = velocity in = inlet
factor, Hy 5 = 81,/ 62y u# = bulk velocity out = outlet
h = height of trip ring o = kinetic-energy-flux veloc- « = flow characteristics based
L = diffuser length ity profile parameter (see on the dynamic pressure
L, = approachlength eq. (2)) apii/2
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Fig. 2 Optimum diffuser geometries for prescribed nondimensional
diffuser length, determined with large entry blockages.
Thick line: Sovran and Klomp [§], B;, = 0.18, Tu, =?

turbulence is also of importance, the optimum value of AR
increasing as Tu,, increases?, at least for L/R;, =8.

Figure 3, derived from [19], shows extremely peculiar
correlations for nonturbulent inlet flows. In such cases both
smaller and higher area ratios may be optimum for a given
L/R;, than with turbulent flow. Two more important con-
clusions are drawn from Fig. 3. First, the criterion used in [19]
by far underestimated the approach lengths required to
produce a turbulent flow: for Rep, = 0.6+10°, laminar flow
must not only have prevailed to B;, = 0.06, the largest value
of B;, for which the entry flow was classified as laminar in
[19], but at least to B;, = 0.12 (note the peculiar data).
Second, only extremely long diffusers respond to a laminar
approach flow as if it were turbulent (L/R;, =30 for B;, =
0.12 and L/R,, = 40 for B;, = 0.06).

Effects of Inlet Blockage

Diffusers with AR = 2.3, investigated in [1, 4 and 14], are a
rare case where results obtained by different researchers can
be compared over a large range of inlet blockages, although
only one length (L/R;, = 4.0) was the same in all the three
test series. Figures 4(a) to (c) compare the results with per-
formance-map data from [19], equal symbols denoting
comparable geometries. All the curves show the well-known
fall of C, as B, increases, particularly steep at low values of
B;,, smallest for diffusers longer than optimum and largest
for short, stalled diffusers. However, their shapes differ
widely. In Miller’s tests, [14] C, = const for 0.06 =< B, =
0.16, while Peters’ [1] distributions fall continuously to B;, =
0.18.4 The curves from [4] and [19] are intermediate in
character with generally lower C, values (from [4] in par-
ticular for L,/R;, = 5.7). A further analysis will be given
later.

Results from [4] and [19] for an AR = 5 diffuser compare
better, Fig. 5, although the ones from [4] are again somewhat
low. Excellent agreement generally exists among the per-
formances from various sources for AR = 4 diffusers,
depicted in Fig. 6. Of particular interest here is the com-
parison with the effects of screen rings, to be analyzed later,
and with Sprenger’s [16] classical data, because Kenny [28]
reported that Sprenger’s geometry would stall for B;, = 0.10.

3 When examining the Bradley and Cockrell data in Fig. 2, it should be noted
that the rough pipe produced-a higher turbulence intensity close to the walls
than either the smooth pipe or the profile generator. .

The relationship between B;, and L,/R;, used in [27] results in steeper
slopes and hence still larger deviations from Miller.
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Fig. 3 Optimum diffuser geometries for prescribed nondimensional
diffuser length at fow Reynolds numbers (from [19])

Other measurements conducted with similar blockages [29,
30, 31] gave no such indication, and according to Fig. 6 are
perfectly in line with the Sprenger data.

Effects of Turbulence and Shape Factor

With long approach pipes, diffuser performance rises as
approach lengths increase. This was first noted in the
Cockrell- and Markland data (Figs. 4(b) and 5), confirmed by
Bradshaw [12], Fig. 7(a), and attributed by him to changes in
turbulence which enhance mixing transverse to the flow
direction, thus reducing distortions. Indeed, the core-
turbulence intensity of developing pipe flow rises significantly
from L,/D = 20 to = 45 [15] (the corresponding blockage
factors depending on Rep), and then remains nearly constant.
Since generally By, increases only to L,/D = 40 and then falls
to L,/D= 70 [15}, approach pipes of that length range should
produce higher diffuser performance than shorter ones of
equal B,,, if Bradshaw’s explanation is correct. This is in fact
the case, see Peters’ curve for L/R;, = 4.1 in Fig. 4(c) and
Miller’s data for L,/D = 60 in Fig. 4(a). (Flagged symbols?
denote increased Tu, here and in what follows; they more
generally denote altered inlet conditions from such sources as

5 Flags always have positive slope (example: O) while slashes have negative
slope (example: O).
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Fig. 5 Eftfects of inlet blockage on the performance of diffusers with
an arearatio AR = 5.

! 4 L/Rjn = 2,7
b) o L/Rin . 3'8 Open symbols: Cockrell and Markland (4], Rep = 1.8-10%; full symbols:
Cp AN _ 5'7 Dolan and Runstadler[19], Rep = 1.2-105;slashed symbols: entry flow
\ - 7'2 classified as laminar in [19].
OTN . S 09 —
05 \, L/Rin= 23 (20=5°] 1/@
L oo CP —_—7 ) - G
L/Rjn =4,0 . — R D 2 bt Mo
04 o 07 A, | | gy 09
\\ . <] };\\ FTu=1% ' C
o < I Tue = 4,4%7] | [L/Rin = 19,1 (2026°) right- -oap
)y K7eY hand |
= scale
02 09 o : 07
Fig. 4(b) Results of Cockrell and Markland [4], AR = 2.25, Res? = c URe =143 (20 = 89)
1.8-105; full symbols: Dolan and Runstadler [19], Rep = 0.6.10; x P A, ,&)
1LT. Madras, Rep, = 8.3-105. %H’\ I
07 . .
g \d d
1,0 T T 06 Optima: “"\‘
c) &LRin=21 O "mt-h TR 1 Author Ref. | B |L/Rin \\
o .| Bj i
Cp o ;'1 Author | Zin 127N 0.5] Liepe a. Jann | 23 [002 [12,7 ~.|° o
3 Mitter 1% (00| 41 Sovran and | 5 (00 {205 -
v 6,9 R Klomp @
0, o 7.8 Miller % 1016 | 55 0, Py UL
> "7 Sovran and Komg| 5 (010 | 70 0 002 00¢ 006 008 0% 012 O 0% 0% g _ 022
0,7
i —
06 = — o ° Auth Ref. [Repx Auth Ref. [Repx
\ ~S=gt= gl |a urhor No. |10-5 urhor No. [10°5
05 N B SN Ss S 55 o | Winternitz and 8 25 v |[Dolan a. Runstadler] 19 1,2
oo @ | Ramsay * > {®| Trupp et al. 30
0,4 < | Pozzorini ** 17 2,5 }A|Okwuobi and Azad | 29 6,0
\&\ O | Sprenger 16 | 52 |x|Liepe a.Jahn 23 | 6,0
03 o — ) A | Miller 14 | 55 Yo |Cockrall et al. 7
02 & | Cockrell 33 + [ Mc Donald a, Fox 20 13
Wa ¥ o )
0 002 004 006 008 010 012 014 0% 018 g 022 |>|Miller 25 | 18 fa|Senooa.Nishi 22 | 30
n v | LL.T. Madras 8,3 & |Azad a.Hummel Ell

Fig. 4(c) Results of Peters [1], AR = 2.34, Rep = 2.0-105; full sym-
bols: Dolan and Runstadler[19], Rep = 0.6.10°

Fig. 4 Effects of inlet blockage on the performance of diffusers with
an area ratio AR = 2.3.
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